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ABSTRACT 

The energy demand across the world is increasing rapidly as a result of massive urbanization and 

industrialization. This is coupled with scarcity of traditional energy sources and severe 

environmental issues such as global warming and climate change. In order to counter this 

problem, there is a sense of urgency to explore alternative sources of energy. In this regard, 

harnessing the renewable energies and waste heat recovery are considered as potential solutions 

that can effectively address these issues. The organic Rankine cycle is proved to be reliable 

technology that can efficiently convert these low to medium-grade heat sources into useful 

power. 

The ORC power block consists of a pump which is used for pumping the working fluid to the 

desired pressure. This pressurized fluid is then passed on to the evaporator where heat addition 

takes place. The pressurized vapor passes through the expander, where the actual expansion of 

the working fluid takes place and the pressure drops. Finally, the vapor condenses in the 

condenser to complete the cycle. In ORC systems, the enthalpy drop across the expanders is less. 

Net work output per unit mass of the working fluid is small in ORC plants.  In order to achieve 

higher power output (greater than 10 kWe), mass flow rate of working fluids has to increase. This 

will increase the size and cost of the ORC system.  Therefore, it is reasonable to adopt small 

capacity ORC systems (1-5 kWe). 

The present study focussed in detail the overall system performance in terms of thermal and 

exergy efficiencies. Moreover, major components constituting the ORC system such as 

evaporator and expander are assessed. A thermodynamic model for ORC system was developed 

based on laws of mass and energy conservation.  Using this model, ORC thermal and exergy 

efficiencies were evaluated for four different working fluids; R245fa, R123, Isobutane and 

R134a. Sensitivity analysis was performed using key thermodynamic parameters including 

expander inlet temperature, expander inlet pressure, condensation temperature and pinch point 

temperature difference (PPTD) to study its effect on net work output, mass flow rate, thermal 

and exergy efficiencies. Optimization of the system was also performed using genetic algorithm. 

The system was optimized to maximize cycle exergy efficiency. Parametric analysis was carried 

out to investigate the impact of evaporator pressure, condensation pressure, superheat, dead state 

temperature and PPTD on the system performance. Thermo-hydraulic model of plate heat 



 

ii 
 

exchanger evaporator was used to study the effect of evaporator pressure, PPTD and superheat 

on evaporator area. The effect of expansion ratio, shaft speed and expander inlet temperature on 

mass flow rate, work output and efficiency of open-drive scroll expander was studied using 

validated semi-empirical model. Finally, cost analysis and exergoeconomic optimization of         

1 kWe driven solar ORC system was performed to compare the cost of solar ORC with solar PV 

in India and to determine the minimum cost of electricity respectively. 

Optimization results showed that the highest thermal efficiency (7.1%) and exergy efficiency 

(45.53%) at lowest expander inlet pressure (3.66 bar) was attained with R123. This was followed 

by R245fa with thermal efficiency of 7.04% and exergy efficiency of 44.98% at expander inlet 

pressure of 6.07 bar. R245fa was preferred for this study as it is a zero ODP fluid and also has a 

lower specific volume compared to R123. Sensitivity analysis showed that, expander inlet 

pressure showed the highest degree of sensitiveness for all working fluids. Detailed exergy 

analysis of ORC components was performed to identify the location and to assess the magnitude 

of exergy losses occurring within the ORC system. Exergy analysis of 1 kWe ORC system 

showed that, evaporator accounted for the maximum exergy loss. 41% of the total exergy loss 

occurred in the evaporator. It was also observed that evaporator pressure had significant effect on 

both energy and exergy efficiencies of the ORC. Significant reduction in evaporator area (75.87%) 

and cost (63.59%) was observed when evaporator pressure was increased from 4 to 10 bar. Heat 

exchanger area decreased by 89.65% and evaporator cost was reduced by 74.86% when PPTD was 

increased from 2 to 14 ºC.  It was also observed from the model that the cost increases whereas the 

pressure drop decreases with increase in plate width and plate spacing. The trade off point for 

plate width was at 0.0065 m, where the evaporator cost was found to be 1166 USD (Rs 87,450) 

and frictional pressure drop was 2.03 kPa. In case of plate spacing, it was at 0.003 m, where the 

evaporator cost was 1210 USD (Rs 90,750) and frictional pressure drop was 1.27 kPa. 

Parametric investigation of scroll expander showed that the scroll expander should be operated in 

a range close to its adapted expansion ratio to achieve maximum efficiency. It was also revealed 

that increasing expander inlet temperature led to increase in thermal energy dissipation. This 

leads to the deterioration in efficiency of the expander. The economic analysis showed that the 

capital cost of small scale ORC systems is very high (Rs 7,42,500) compared to equivalent solar 

PV system (Rs 85,000) in India. Exergoeconomic optimization showed that minimum electricity 

cost of 3.9 Rs/kWh could be attained at maximum evaporator pressure of 13.9 bar. 
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International Energy Agency (IEA) presented a sustainable alternative called ‘2DS’in 

2014. 2DS offered a vision to create an energy system that reduced CO2 emissions and to 

restrict global temperature rise within 2 ºC by 2050. This however, requires that the 

future energy systems should be smart, integrated, well distributed, and policy makers 

should give more thrust towards renewable energy generation. In the case of centralized 

power generation (CPG), there are transmission and distribution losses associated with it. 

In addition to this, CPG requires large investment cost for electrification of remote areas. 

The official data from Ministry of power, Government of India shows that the aggregate 

technical and commercial losses (AT&C) at all-India level were at 18.7% in 2018-19. 

This can be reduced to a great extent by using DPG or on-site power generation systems. 

There are close to 1.6 billion people around the world, living in remote areas without 

access to electricity. It is almost impossible to create a transmission infrastructure to 

connect every household to central grid (Rahbar et al. 2017; Tchanche et al. 2011). 

Distributed (on-site) power generation (DPG) is a better option, which is directly 

connected to the distribution network or to the customer site. This results in the reduction 

in transmission and distribution losses. DPG systems can also use any renewable energy 

source such as solar, wind, geothermal and waste heat recovery (Aboelwafa et al. 2018). 

Table 1.1 (Ackermann et al. 2001) shows power ratings of DPG systems. 

Global energy demand is increasing at a rapid pace, powered by a strong global 

economy and higher heating and cooling needs in some parts of the world. Driven by 

higher electricity demand, global energy-related CO2 emissions increased 1.7% to a 

record high of 33.1 Gt CO2 in 2018. 
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Table 1.1: Power rating of DPG systems  

Category Power rating 

Distributed micro power generation 1 W to 5 kW 

Distributed small power generation 5 kW to 5 MW 

Distributed medium power generation 5 MW to 50 MW 

Distributed large power generation 50 MW to 500 MW 

Although emissions from all fossil fuels rose, the power sector accounted for almost two-

thirds of the growth in emissions. China, India and the United States of America (USA) 

accounted for 85% of net carbon emission increase (OECD/IEA 2019). In 2018, 

renewable energy generation grew by 7%, accounting for 26% of global demand for 

electricity as indicated in Table 1.2.  

Table 1.2: Region wise electricity generation from renewable energy in 2018 
(OECD/IEA 2019) 

Region Renewable- based energy  

 Generation in 2018 (TWh)  

Growth rate (2017-18) 

(%) 

United States 744 4.1 

China 1854 10.9 

India 291 10.6 

Europe 1462 8.5 

Rest of the world 2449 4 

Total 6800 7.1 

Despite this, more than 5% of India’s population (1.4 crore households approximately) do 

not have access to electricity (IEA et al. 2019). In India, generation from renewable 

energy includes small Hydro Projects, Biomass Gasifier, Biomass Power, Urban & 

Industrial Waste Power, Solar and Wind Energy. In 2019-20, renewable energy 
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generation increased by 9.12% and thermal energy generation decreased by 2.75%. At 

present, renewable energy constitutes around 24.5% of the total installed capacity. 

Therefore, there is a need to identify alternative technologies to increase the share of 

renewable energy generation to 40% by the end of next decade. DPG systems of 1-5 kWe 

capacity using renewable energy are best suited to achieve 100% electrification in remote 

and rural areas as well as to cater to the increasing energy demand. One of the 

commercially available option is solar PV. The limitations of solar PV technology are 

additional cost of battery as well as its maintenance. Therefore, there is a need to identify 

a 1-5 kWe capacity power generation system which is cost-effective and easy to operate 

and maintain in remote locations. Moreover, the resources for energy conversion such as 

solar or biomass should be available locally. 

Low grade heat energy in the temperature range of 70 to 300 ºC is not being 

utilized properly (Lecompte et al. 2017; Bianchi and De Pascale 2011; Mudasar et al. 

2017). The utilization of suitable technologies which is capable of efficiently recovering 

and converting the low grade heat energy to electrical energy has been identified in open 

literature, as one of the major pathways towards achieving a green, sustainable and low-

carbon environment (Qiu et al. 2011). Energy can be recovered from these heat sources 

by using various technologies such as steam Rankine cycle (Quoilin et al. 2013), Kalina 

cycle (Ogriseck 2009), supercritical CO2 Brayton cycle (Ahn et al. 2015), organic 

Rankine cycle (Chen et al. 2010) etc. Steam Rankine Cycle (SRC) uses water as the 

working fluid. Although water satisfies most of the criteria such as good thermal stability, 

low viscosity, non-toxic, non-flammable etc, it is a wet fluid with negative slope of 

saturation vapor curve (Zhang et al. 2016). The SRC needs sufficient superheat (upto 500 

to 600 ºC) to avoid any damage being caused to the turbine blades. Therefore, it is not 

suitable to be used for low grade energy conversion and is more appropriate for large 

scale CPG systems.  
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1.2 Available energy conversion technologies for DPG systems 

1.2.1 Kalina cycle 

In this process, low temperature heat is transferred indirectly to a circulating fluid. The 

working fluid is a mixture of ammonia and water as shown in Figure 1.2.  The ammonia–

water mixture has a varying boiling and condensing temperature. The mixture of 

ammonia and water boils at a variable temperature depending on its composition. 

Ammonia has a lower boiling temperature compared to water. Due to this, the mixing 

ratio of the binary mixture changes during the evaporation process. The higher the 

fraction of ammonia in the mixture, the lower is its boiling temperature. With the 

increasing ammonia concentration, the specific enthalpy of steam decreases. Before the 

turbine, the ammonia-rich steam is separated from the liquid phase in a separator. Then, 

the steam passes through the turbine, where the expansion takes place to produce 

mechanical work output. Generator which is coupled to the turbine converts the 

mechanical work to electricity. 

 

Figure 1.2: Schematic diagram of the Kalina cycle process (Ogriseck 2009) 
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1.2.2 Supercritical CO2 Brayton cycle 

Supercritical carbon dioxide is a state of carbon dioxide (CO2), where it is held at or 

above its critical temperature and critical pressure. CO2 has a relatively low critical 

pressure of 7.4 MPa and a critical temperature of 31 ºC. Therefore, it can be compressed 

directly to supercritical pressures and readily heated to a supercritical state before 

expansion. In a simple closed-loop Brayton cycle as illustrated in Figure 1.3, the working 

fluid (CO2) is heated indirectly from a heat source. Heat energy (QH) is extracted from 

CO2, as it expands in the turbine. The CO2 exiting the turbine is then cooled in a heat 

exchanger (QL) to the desired compressor inlet temperature. After the fluid is compressed 

to the required pressure, the CO2 is sent back to the heater to complete the cycle (Garg et 

al. 2013). 

 

Figure 1.3: Schematic diagram of closed cycle brayton cycle 

In a recuperated closed-loop Brayton cycle, a heat exchanger is introduced between the 

turbine exhaust and the compressor exhaust. This improves the cycle efficiency by 

reducing the amount of heat loss in the CO2 cooler.  
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1.2.3 Organic Rankine cycle 

The schematic setup of ORC plant is shown in Figure 1.4. The ORC power block 

consists of a pump which is used for pumping the working fluid to the desired pressure. 

This pressurized fluid is then passed on to the evaporator where heat addition takes place. 

The pressurized vapor passes through the expander, where the actual expansion of the 

working fluid takes place and the pressure drops. Finally, the vapor condenses in the 

condenser to complete the cycle. Small scale ORC power plants in the range 1 kWe - 1 

MWe can be setup using low temperature heat source such as flat plate solar collectors, 

waste heat recovery, geothermal, biomass etc. The major advantage of using organic 

fluids such as hydrocarbons (Ethane, Propane, Butane, Isobutane, and Pentane etc.) or 

refrigerants (R22, R141b, R134a, R245fa, R152a etc.) in ORC is that, they operate at 

lower temperature (70 to 300 ºC) and pressure (5-20 bar) compared to water (Kuo et al. 

2011; Dariusz and Jarosław 2016). Hence, heat energy from low temperature sources can 

be utilized to generate electricity (Baral and Kim 2014).  

 

Figure 1.4: Schematic diagram of ORC power block 

ORC has garnered the attention of the researchers in the recent past. Research studies 

have shown that ORC performs better than Kalina cycle because of its lower operating 
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pressures (Nemati et al. 2017). ORC performed better than Kalina Cycle in terms of net 

electricity generation for heat source temperatures ranging from 100 to 200 ºC (Lin et al. 

2015). Supercritical CO2 Brayton cycle proved to be impractical for heat source 

temperatures of less than 300 ºC (Bianchi and De Pascale 2011). This is because the gain 

in enthalpy across the turbine was negated by the compressor.  Therefore, ORC 

technology is best suited to exploit low to medium temperature heat sources. 

 

Figure 1.5: Various configurations and technologies available in organic Rankine cycle 

ORC system can be used with minor modifications, in conjunction with various heat 

sources such as solar, biomass, geothermal and waste heat recovery. Compared to the 

Kalina cycle’s complexity in design, need for superheating in steam Rankine cycles and 

high operating pressures in supercritical CO2 brayton cycles, ORC is best suited for DPG 

systems because of its simple structure, low cost, compactness, reliability, and easy 

maintenance. Various configurations and technologies available for energy conversion 
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using ORC have been listed in Figure 1.5 (Qiu et al. 2012; Aboelwafa et al. 2018; Zhao et 

al. 2019; Altun and Kilic 2020).  

ORC systems are classified under three broad categories. Firstly, they are 

classified on the basis of the type of heat source used such as solar energy, geothermal 

energy, waste heat recovery, biomass energy etc. ORC technology has been used to 

extract low grade energy either by use of renewable energy or by utilizing industrial 

waste heat. The second classification is based on the cycle configuration. This is shown 

in Figure 1.6. The first one is the basic ORC system consisting of the feed pump, 

evaporator, expander and condenser. The working fluid is pumped to the evaporator. The 

pressurized vapor is passed onto the expander to generate electricity. The low pressure 

vapor is then condensed in the condenser. The cycle with recuperator takes advantage of 

the residual heat after the expansion process to preheat the liquid after the pump. This 

leads to the reduction in the amount of heat required to vaporize the fluid in the 

evaporator. 

 

Figure 1.6: Schematic diagram of ORC cycle (a) Basic (b) with recuperator 
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The third classification is based on the temperature of the heat source. ORC systems are 

classified as low temperature ORC system, if the temperature of the heat source is less 

than 150 ºC. If the temperature of the heat source is in the range of 150 -250 ºC, it is 

called as medium temperature ORC system and if the temperature crosses 250 ºC, it is 

referred to as a high temperature ORC system (Rahbar et al. 2017). 

The important factors that are to be considered in ORC system are the selection of 

working fluid, the configuration of ORC system and selection of prime mover or 

expansion device. Each of these factors is critical for the smooth operation of the ORC 

system and are discussed in the subsequent sections. 

1.3 Selection of ORC working fluid 

The most important aspect of the ORC system is the selection of the working fluid. The 

thermophysical properties of each fluid have a significant impact on the overall 

efficiency, sizing of heat exchangers, expander design and stability of the system. In 

addition to this, the working fluid properties has an impact on the system cost, safety and 

environmental aspects (Dewallef et al. 2013). Organic fluids are broadly classified based 

on their saturation vapor curve. There are generally three types of saturation vapor curve 

as shown in Figure 1.7; dry fluid with positive slope of T-s curve, wet fluid with negative 

slope of T-s curve and isentropic fluids with nearly vertical saturation vapor curve 

respectively. As the vapor expands across the expander, saturated vapor at the expander 

inlet will remain saturated at the expander exhaust without condensation. This is a very 

important characteristic of dry and isentropic fluids (Huang et al. 2013).  
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Figure 1.7: T-s diagram of wet, dry and isentropic fluids 

There is no need for installing additional equipments such as superheater and regenerator, 

which makes dry and isentropic fluids ideal working fluids for ORCs (Darvish et al. 

2015). In addition to this, the thermophysical properties which must be considered before 

selecting an organic fluid (Chen et al. 2010) are as follows:  

a) Latent heat of vaporization: Thermal efficiency is the ratio of net work output to heat 

input. High latent heat of vaporization enables most of the available heat to be added 

during the phase change operation, hence avoiding the need to regulate the superheating 

and expansion of the vapor through regenerative feed heating in order to enable higher 

efficiency (Maizza and Maizza 2001). In terms of net work output, it was found that 

fluids with higher latent heat produce larger unit work output when the temperatures and 

other parameters are defined. However, when the heat source is either geothermal energy 

or waste heat, the ORC fluids with low latent heat of vaporization are preferred. Lower 

latent heat of vaporization of the working fluid causes the heat transfer process in the 

evaporator to occur mostly at variable temperature. Therefore, the temperature profile of 
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the ORC working fluid in the evaporator follows the temperature profile of heat transfer 

fluid (Bao and Zhao 2013). 

b) Density: A low density of the ORC fluid leads to a higher volume flow rate. As a 

result of this, the pressure drop in the heat exchangers increases and the size of the 

expander also increases. This has a significant impact on the cost of the system.  

c) Critical temperature: For a given evaporation and condensation temperatures, better 

thermal efficiency is obtained only from fluids with a high critical temperature. However, 

high critical temperatures lead to low condensation temperatures which affect the 

configuration of the system (Chen et al. 2010). 

d) Thermal stability: Organic fluids generally suffer chemical deterioration and 

decomposition at high temperatures. Therefore, the maximum heat source temperature is 

limited by the chemical stability of the working fluid (Invernizzi et al. 2007). 

e) Environmental impact: The ozone depletion potential (ODP) of a chemical 

compound is the relative amount of degradation to the ozone layer it can cause, with 

trichlorofluoromethane (R-11 or CFC-11) being fixed at an ODP of 1. The ODP of 

current refrigerants is either null or very close to zero, since non-zero ODP fluids are 

progressively being phased out under the Montreal Protocol (Schuster et al. 2009). Global 

warming potential (GWP) is the heat absorbed by any greenhouse gas in the atmosphere, 

as a multiple of the heat that would be absorbed by the same mass of carbon dioxide 

(CO2). GWP is 1 for CO2. GWP for organic fluids should be as low as possible (Wang et 

al. 2013). 

f) Safety: Safety involves two main parameters— toxicity and flammability (Saleh et al. 

2007). The ASHRAE Standard 34 classifies refrigerants based on its safety parameters 

and can be used for the evaluation of a particular working fluid.  

g) Viscosity and Thermal conductivity: The fluid viscosity should be low in liquid as 

well as vapor phases as it enhances heat transfer coefficient and decreases the friction 

losses in the heat exchanger. It also leads to small pump equipment and helps in reducing 

the power consumption. High thermal conductivity is required to enhance the rate of heat 



 

13 
 

transfer in the heat exchangers. Large heat conductivity leads to small equipments at the 

heat exchanger level (Tchanche et al. 2011). 

h) Availability and cost: Fluids which are being used in refrigeration or chemical 

industries are easily available and are less expensive.  

The performance depends on a number of interdependent thermodynamic properties of 

the working fluid: critical point, specific heat, density, viscosity etc. It is not possible to 

determine an optimum for each specific thermodynamic property independently. The 

most common approach in scientific literature is simulating the cycle with a 

thermodynamic model using different working fluids, which is explained in the 

subsequent chapters. Some of the commonly used ORC working fluids which have been 

classified on the basis of their operating temperatures have been listed in Table 1.4 

(Rahbar et al. 2017; Tchanche et al. 2011). 

Table 1.3: List of commonly used ORC fluids categorized based on heat source 

temperature  

Low temperature 

 (<150 ºC) 

Medium temperature  

 (150-250 ºC) 

High temperature  

(250-400ºC) 

R134a R245ca Benzene 

R245fa n-butane Toluene 

R152a HFE7000 MDM 

R236fa HFE7100 MD4M 

R143a n-pentane D4 

R236ea Isopentane Cyclohexane 

Isobutane Ethanol  

Ammonia   
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1.4 Expansion device 

The most important component in ORC is the expansion device which converts the 

available thermal energy into mechanical work. The choice of expansion device depends 

on the operating conditions, working fluid and the power output (Qiu et al. 2011).     

Expansion devices are broadly classified into two types, i.e. turbines (dynamic 

expanders) and positive displacement expanders. In turbines, the pressure energy of the 

working fluid is converted to kinetic energy. This energy is then utilized to rotate the 

impellers of the turbine. These are further classified into axial and radial turbines. In case 

of positive displacement expanders, specific volume of the working fluid at the inlet of 

the expander is confined within a given space. Subsequently, the working fluid expands 

as the confined volume increases. Finally, the low pressure working fluid is passed 

through the discharge piping system. The main types of positive displacement expanders 

are scroll, screw, piston and vane.  Comparison of various types of prime movers used in 

ORC systems are listed in Table 1.5 (Bao and Zhao 2013; Rahbar et al. 2017).  Each of 

these is explained in detail in the subsequent sections. 

Table 1.4: Various types of prime movers used in ORC systems  

Type Capacity range  

(kWe) 

Rotating speed  

(rpm) 

Scroll expander 1-10 <6000 

Screw expander 15-200 <6000 

Reciprocating piston expander 20-100 <6000 

Rotary vane expander 1-10 <6000 

Axial flow turbine >200 <20000 

Radial inflow turbine 50-500 8000-80000 
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1.4.1 Scroll expanders 

A scroll expander is made up of two helical scrolls as depicted in Figure 1.8; one being 

the rotor and the other being the stator. The mode of operation is shown in Figure 1.9. 

When the rotor spins, it produces a closed volume between its contact points with the 

stator. Due to the increasing separation of rotor and stator, this volume increases in size 

through each rotation where the fluid expands, and the low pressure working fluid finally 

exits through the discharge port (Campana et al. 2019; Jiang et al. 2017). 

 

Figure 1.8: (a) Moving scroll (b) Fixed scroll (Wu et al. 2015) 

 

 

Figure 1.9: Diagram of mode of operation of the scroll expander (Quoilin et al. 2013) 
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1.4.2 Screw expanders 

There are two types of screw expanders; single screw and twin screw. Both of them work 

on the same principle of trapping a volume of vapor within the expansion chamber which 

is formed by the geometry of the screws. As the screw rotates, the chamber enlarges itself 

till the vapor reaches the discharge port. In a single screw expander, this volume is 

created by meshing the main screw rotor with peripheral gate rotors as shown in Figure 

1.10.  

 

Figure 1.10: Diagram of a single screw expander (Shen et al. 2018) 

Twin screw expander consists of a pair of helical meshing rotors; a male and a female 

rotor, enclosed within a casing as depicted in Figure 1.11. The high pressure working 

fluid reaches the space between the two rotors and begins rotation in the first step. During 

the expansion process, as the meshing rotors rotate, the tooth-spacing volume increases 

due to pressure of the working fluid. Finally, when the tooth-spacing volume is attached 

to the outlet, the exhaust process starts until the tooth-spacing volume reaches zero. 
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Figure 1.11: Diagram of a twin screw expander (Papes et al. 2015) 

1.4.3 Reciprocating piston expanders 

Reciprocating piston expanders (Figure 1.12) are devices which require accurate inlet and 

exhaust valve timing. Since it contains large number of moving parts, frictional losses 

tend to increase (Oudkerk et al. 2015). They have been widely used in internal 

combustion engines for exhaust heat recovery using ORC. One major advantage of this 

expander is that it can tolerate wet expansion.  

 

Figure 1.12:Schematic diagram of reciprocating type piston expander (Oudkerk et al. 2015) 
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1.4.4 Rotary vane expander 

These are air motors intended specifically for the use of compressed air to drive the 

rotors. The compressed air energy is transformed into mechanical energy by an air motor. 

Air motors are modified for reverse operation and to prevent leakage of organic fluids for 

ORC applications as shown in Figure 1.13. The expansion cycle is achieved when the 

chamber spaces between the cylinder wall and the sliding vanes slotted into the rotor 

increase, as the rotor turns clockwise inside the eccentric cylinder housing (Montenegro 

et al. 2014). 

 

Figure 1.13: Vane-type air motor used as an expander (Qiu et al. 2011) 

1.4.5 Turbo-expanders (axial flow and radial inflow turbines) 

Turbines are devices which convert kinetic energy of a flowing fluid to the mechanical 

energy of shaft by rotation of the blades. It is broadly classified as axial flow and radial 

flow depending on the path of fluid flow. In case of radial flow turbine, there is 

significant change in the mean radius as the fluid flows from inlet to outlet but in axial 

flow turbines, there is hardly any change in the mean radius as indicated in Figure 1.14. 
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Therefore, radial flow turbines require fewer stages compared to axial flow turbines 

which reduce the size and the cost. Hence, radial flow turbines are preferred for small-

scale applications with low flow rates and high expansion ratios whereas axial flow 

turbines are used for high capacities (>250 kWe) with large mass flow rates and low 

expansion ratios (Alshammari et al. 2018). 

 

Figure 1.14: 3D geometry of (a) Axial turbine (b) Radial turbine (Alshammari et al. 2018) 

1.5 Various configurations of ORC systems 

1.5.1 Biomass combined heat and power (CHP) 

Biomass can be used for both thermal and power generation simultaneously using ORC 

technology. Agricultural biomass is available in plenty around the world. This can also 

help in generating additional income for the poor farmers and can accelerate poverty 

alleviation in developing countries. The heat from the biomass burner is utilised from 

exhaust or flue gas to the heat transfer fluid. The hot fluid is then made to pass through 

the evaporator in the ORC power block. Heat exchange occurs in the evaporator and the 

ORC working fluid is vaporised (Qiu et al. 2012). Figure 1.15 shows a biomass fired 

ORC based cooling heating and power (CHP) system. This can be used for DPG systems 

with low power capacity. 



 

20 
 

 

Figure 1.15: (a) Biomass fired ORC based cooling heating and power (CHP) system (b) T-s 
diagram of the CHP system (Qiu et al. 2012) 

1.5.2 Solar power cycles 

Presently, electricity is generated commercially from solar power using two methods. 

Solar photovoltaic (PV) directly converts solar irradiance to electricity whereas solar 

thermal utilizes the heat captured using solar collectors and then converts it into 

mechanical work. The main disadvantages of using solar PV are their low power density 

and battery maintenance. This means that huge amount of land is required to generate 

few hundreds of kW of electricity. The limitation with large scale (CPG) solar thermal 

systems are that they require huge amount of capital investment because energy storage is 

required to attenuate the fluctuations in solar energy radiation. ORC is a suitable option 

for low cost, small scale power generation (DPG) using low grade heat from solar energy 

(Aboelwafa et al. 2018). Figure 1.16 shows a solar driven ORC system.  
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Figure 1.16: Schematic diagram of compound parabolic collector (CPC) driven ORC 
system (Wang et al. 2014) 

1.5.3 Geothermal 

Geothermal energy is estimated to be at depths of approximately 3 km from the earth’s 

surface. This energy can be extracted by drilling production and injection well. The hot 

brine that is trapped below the earth’s surface, is pumped from the production well and 

injected into the injection well while passing through the evaporator in the ORC power 

block. Heat exchange occurs in the evaporator and power can be produced by passing 

pressurized organic vapor through the expander as shown in Figure 1.17 (Quoilin et al. 

2013). 

1.5.4 Waste heat recovery 

In industries, flue gases at temperature less than 200 ºC are often rejected to the 

atmosphere and can have devastating effect on the environment. Low temperature heat 

cannot be utilized using traditional waste heat recovery techniques or for captive power 

generation. However, by integrating exhaust systems with ORC system, power can be 

generated for captive use and excess power can be passed onto the grid, generating extra 

revenue to the industries. Some of the potential industries which can adopt ORC systems 
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for low temperature waste heat recovery are cement, iron & steel, refineries and chemical 

industries (Wei et al. 2007 ; Seyedkavoosi et al. 2017). 

 

Figure 1.17: Schematic representation of a geothermal ORC system (Quoilin et al. 2013) 

1.6 Organization of the thesis  

The energy demand across the world is increasing rapidly as a result of massive 

urbanization and industrialization. This is coupled with scarcity of traditional energy 

sources and severe environmental issues such as global warming and climate change. In 

order to counter this problem, there is a sense of urgency to explore alternative sources of 

energy. In this regard, harnessing the renewable energies and waste heat recovery are 

considered as potential solutions that can effectively address these issues. ORC is proved 

to be reliable technology that can efficiently convert these low to medium-grade heat 

sources into useful power. The thesis work is proposed on parametric investigation and 

off-design simulation of low temperature organic Rankine cycle for residential 

applications (1-5 kWe).  

Chapter 2: Recent studies related to energy and exergy analysis of ORC systems, thermo-

economic optimization of ORC systems, modeling of Chevron plate heat exchanger 

evaporators in ORC systems and semi-empirical modelling of scroll expander have been 
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described in this chapter. The scope of work, objectives and methodology of the present 

work conclude the chapter. 

Chapter 3: In this chapter, ORC power generation system is assessed with R245fa, 

R123, Isobutane and R134a as the working fluids. Sensitivity analysis is done to check 

the weightage of each thermodynamic parameter on the overall performance of the 

system and the system is optimized for maximum exergy efficiency, to identify the best 

working fluid. In addition to this, detailed exergy analysis of ORC system is carried out 

to evaluate the exergy losses within the ORC system.  

Chapter 4: In this chapter, detailed parametric analysis is carried out to study the 

variation of evaporator area with key thermodynamic parameters such as evaporator 

pressure, pinch point temperature difference and expander inlet temperature using a 

validated Chevron plate evaporator model available in open literature.   

Chapter 5: In this chapter, effects of expansion ratio, shaft speed and inlet temperature 

on the efficiency of open drive scroll expander have been examined, using a validated 

semi-empirical model. This study has been carried out to analyze the off-design 

performance of the scroll expander.  

Chapter 6: Cost analysis and exergoeconomic optimization of 1 kWe solar driven ORC 

system and its comparison with the existing solar PV systems is discussed in this chapter.   

Chapter 7: This chapter concludes the thesis with summary of main findings and 

presents future perspectives in the field of small scale organic Rankine cycle systems. 
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CHAPTER 2  
 

LITERATURE REVIEW 
 

This chapter presents a comprehensive review of ORC systems which includes selection 

of working fluids and thermodynamic modelling and optimization of ORC performance 

metrics such as thermal and exergy efficiencies, cycle net power output as well as 

economic factors such as levelized energy cost, specific investment cost, total product 

cost rate, payback period etc. In addition to this, a detailed review has been carried out on 

the components of ORC such as evaporator and expander. Studies related to modeling of 

Chevron plate heat exchangers used for ORC application are covered in this chapter. The 

review also takes into account semi-empirical modeling studies of scroll expanders, as 

the present study is focussed on low temperature and low capacity ORC systems. 

2.1 Exergy analysis of ORC systems 

The exergy analysis methodology is a combination of first and second laws of 

thermodynamics and takes into account the environmental conditions. Exergy analysis is 

the most appropriate tool for thermodynamic analysis and process optimization of energy 

conversion systems.  

Kas (2014) conducted exergy analysis of organic Rankine cycle for power generation 

from waste heat recovery in steel industry. Exergy analysis was performed using plant 

data for two different cases of 262.2 and 203 kWe gross power output.  R245fa was used 

as the working fluid. The energy and exergy efficiencies of the two cases were found to 

be 10.2, 48.5% and 8.8, 42.2% respectively. In addition to this, variation of energy and 

exergy efficiencies of the system with evaporator pressure, superheating and subcooling 

were studied. It was found that evaporator pressure had a significant effect on both 

energy and exergy efficiencies of the ORC. 

Safarian and Aramoun (2015) presented energy and exergy evaluation of a basic as well 

as three different configurations of organic Rankine cycles (ORCs). The configurations 
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used were, incorporating turbine bleeding, regeneration and combination of both. In case 

of regeneration, a feed-water heater is incorporated into the ORC. The vapor extracted 

from the turbine mixes with the feed-water exiting the pump. Ideally the mixture leaves 

the heater as a saturated liquid at the heater pressure. In turbine bleeding, internal heat 

exchanger is placed in between the evaporator and the pump. Hence, the fluid is 

preheated. The results demonstrated that the evaporator had major contribution in the 

exergy destruction which was improved by increase in its pressure. The results also 

confirmed that the integrated ORC with turbine bleeding and regeneration had the highest 

thermal and exergy efficiencies (22.8 and 35.5%) and lowest exergy loss (42.2 kW) 

compared to other configurations.   

He et al. (2017) analysed a 50 kWe ORC plant driven by a low grade heat source. Hot 

side evaporator inlet temperature was varied from 65 to 95 ºC. Thermodynamic analysis 

showed that the maximum net work output and thermal efficiency attained were 46.5 kW 

and 6.52% respectively. Maximum exergy efficiency of 36.3% was obtained.  Exergy 

analysis showed that evaporation pressure and condensation pressure had a significant 

impact on the exergy efficiency and the performance of the system. 

Mohammadi et al. (2018) compared various heat recovery systems for a cement plant in 

terms of electricity generation and exergy analysis. Two configurations were used based 

on the temperature of the heat source; High temperature (HT) and low temperature (LT). 

In the HT section, dual pressure Rankine cycle, dual pressure organic Rankine cycle 

(ORC) and a regenerative dual pressure ORC are compared. In the LT section, ORC is 

compared with a transcritical carbon dioxide cycle. System was optimized to identify the 

best configuration. For the HT section, regenerative ORC showed the highest exergy 

efficiency with net power output of 7 MWe for a cement factory with the capacity of 

3400 ton per day. For the LT section, ORC showed better performance than the 

transcritical carbon dioxide cycle, but generated power output was lesser at 300 kWe 

when compared to HT section.  
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Liu et al. (2011) presented the results of thermodynamic model of a 2 kWe biomass fired 

CHP system with organic Rankine cycle (ORC). HFE7000, HFE7100 and n-pentane 

were used as the working fluids. The highest obtained ORC efficiency was 16.6% with n-

pentane as the working fluid. Superheating and sub-cooling had a negative effect on the 

thermal efficiency. The electrical efficiency of the CHP system varied between 7.5 to 

13.5% corresponding to electricity output of 1.5 and 2.71 kWe respectively. The main 

parameters affecting the overall efficiency were hot water temperature of the boiler, ORC 

condenser cooling water temperature and the ORC working fluid. 

Bellos and Tzivanidis (2018) worked on a hybrid organic Rankine cycle (ORC) driven by 

parabolic trough collectors and waste heat. The temperature of the heat source varied 

from 150 to 300 ºC. In this study, Toluene, cyclohexane, MDM and n-pentane were used 

as the working fluids. The system was designed in such a way that maximum electricity 

could be produced using waste heat. The steady state thermodynamic model was 

developed using Engineering Equation Solver (EES). Results showed that maximum 

electricity production was achieved with Toluene. For the given set of operating 

conditions, electricity output ranged between 479 to 845 kWe and the system efficiency 

varied from 11.6 to 19.7%. It was also inferred that, higher the waste heat source 

temperature, greater was the fraction of the waste heat input in the ORC for all working 

fluids. 

Karellas and Braimakis (2016) carried out energy and exergy analysis of micro-scale 

trigeneration system capable of combined heating, power generation and refrigeration. 

The system was a combination of organic Rankine cycle (ORC) and vapor compression 

cycle (VCC). The heat input to the ORC was through the parabolic trough collectors and 

biomass boiler. In summer, the system operated in trigeneration mode where, a part of the 

power generated was utilized to run the VCC and the surplus power was used to generate 

electricity. Hot water demand was met by the continuous heat removal in the condenser. 

During winter, the VCC was disconnected and the system operated as a cogeneration 

unit. R245fa was used as the working fluid. At evaporation temperature of 90 ºC, 50 kW th 

heat input and 5 kWth cooling load, the system delivered electricity output of 1.42 kWe 
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and heating output of 53.5 kWth. The exergy efficiency for full load operation was found 

to be at 7%.  

Mohammadi et al. (2017) analyzed a hybrid system composed of a gas turbine, ORC 

cycle and an absorption refrigeration cycle. Thermodynamic analysis was carried out to 

investigate the effect of different parameters on the system performance and output 

cooling, heating and power. The results showed that the plant can produce 30 kWe power, 

8 kW cooling and almost 7.2 ton hot water with an efficiency of 67.6%. Parametric 

studies showed that pressure ratio and gas turbine inlet temperature had a significant 

impact on the performance of the system. 

Senturk Acar and Arslan (2019) performed energy and exergy analysis of integrated solar 

energy and geothermal energy-powered ORC plant. The net power output, energy, and 

exergy efficiencies of the geothermal-powered ORC and solar-integrated, geothermal-

powered ORC were determined. The solar energy was integrated into the power plant 

using a thermal energy storage unit. R600a, Therminol VP-1, and molten salt were used 

as a working fluid in organic Rankine cycle, solar field, and thermal energy storage, 

respectively. The electrical and exergetic efficiencies of the solar energy-aided, 

geothermal-powered ORC were calculated as 14.54 and 67.84%, respectively. For the 

same conditions, the electrical and exergetic efficiency of the geothermal-powered ORC 

was calculated as 14.56 and 70.91%, respectively. As a result of this study, energy and 

exergy efficiencies of the geothermal-powered ORC decreased with the integration of 

solar energy. But the net power output of the system increased.  

Al-Sulaiman et al. (2012) presented energy and exergy analyses of a biomass 

trigeneration system using ORC. Four cases were considered for analysis: electrical-

power, cooling-cogeneration, heating-cogeneration and trigeneration cases. The results 

revealed that the best performance of trigeneration system considered can be obtained 

with the lowest ORC evaporator pinch temperature of 20 K, and the lowest ORC 

minimum temperature of 345 K. The study revealed that there is a significant 

improvement when trigeneration is used, as compared to only electrical power 
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production. The fuel utilization efficiency increased from 12% for electrical power to 

88% for trigeneration. Moreover, the maximum exergy efficiency of the ORC increased 

from 13 to 28%, when trigeneration was used. Maximum exergy destruction occurred in 

the biomass burner which contributed to 55% of the total destructed exergy. 

El-Emam and Dincer (2013) performed energy and exergy analysis of a novel-type 

geothermal regenerative ORC. The capacity of the plant was 5 MWe. An optimization 

study was also performed based on the heat exchangers total surface area parameter. 

Parametric studies were performed to investigate the effect of operating parameters, and 

their effects on the system energetic and exergetic efficiencies. In addition to this, 

economic parameters were investigated. The energy and exergy efficiency values were 

found to be 16.37 and 48.8%, respectively, for optimum operating conditions at a 

reasonable temperature range of the geothermal water from 78.49 to 116.2 ºC.  

Selbas and Yilmaz (2016) conducted energy, exergy analyses and sustainability analysis 

of solar driven ORC. R410a was used as the working fluid. Using the actual solar energy 

radiation data of Isparta, performance of the cycle was assessed. Furthermore, variations 

of energy and exergy efficiencies of the ORC system with evaporator and condenser 

pressures were studied. Results showed that the energy, exergy efficiencies and 

sustainability index of the system were calculated as 10.6%, 69.2% and 2.8 respectively. 

It was observed that the evaporation pressure had significant effect on both energy and 

exergy efficiencies. 

Ashouri et al. (2017) performed exergy and energy analysis of a regenerative ORC based 

on flat plate solar collectors. Key parameters such as exergetic efficiency, thermal 

efficiency, exergy destruction rate, fuel depletion ratio and irreversibility ratio were 

investigated. Exergy efficiency and exergy destruction ratio were calculated for the 

overall system. Four different working fluids were considered including R245fa, R134a, 

pentane and toluene for evaluation of the system. Results showed that the solar collector, 

thermal storage tank and the vapor generator were the main sources of exergy 

destruction. Pentane showed the best performance followed by R245fa, toluene and 
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R134a. The corresponding daily exergy efficiencies of the 4 working fluids were 24.08, 

22.53, 22.09 and 21.76%.  

Li et al. (2012) presented energetic and exergetic investigation of an ORC at different 

heat source temperatures of 70, 80, 90 and 100 ºC.  R123 was used as the working fluid. 

The exergy loss associated with the heat exchangers amounted to 74% of the total system 

exergy loss. The study proposed two-stage heat exchangers to reduce the heat transfer 

irreversibility in the evaporator and a regenerator to reduce the exergy loss in the 

condenser. 

Kahraman et al. (2018) carried out energy and exergy analysis of ORC system under 

different heat source and expander inlet temperature conditions using R113, R123 and 

Isopentane as the working fluids. Key parameters such as heat input to the system, 

expander work output, thermal efficiency, total exergy destruction and exergy efficiency 

were determined. At expander inlet temperature of 80 ºC and heat source temperature of 

110 ºC, Isopentane reached maximum thermal efficiency of 8.8% while R113 achieved 

thermal efficiency of 12.4% for the same design conditions. Results also showed that, in 

all cases, Isopentane needed more heat input per unit mass compared to other fluids. 

While the maximum value of 531.7 kJ/kg heat input was required for Isopentane, R113 

and R123 fluid required a maximum of 220.2 and 246.8 kJ/kg respectively. In terms of 

work output, a maximum of 21.63 and 26.98 kJ/kg expander work output were obtained 

for R113 and R123, while 45.35 kJ/kg expander work output was obtained using 

Isopentane. In exergy analysis, it was found that the best exergy efficiency performance 

was obtained using R113 fluid with 56.3%.  

2.2 Optimization of ORC systems 

Numerous studies are available in scientific literature contributing to the optimization of 

ORC parameters and performance indices for various low grade heat sources such as 

solar energy, biomass energy and waste heat recovery. These parameters include both 

thermodynamic criteria such as thermal and exergy efficiencies, cycle net power output 
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as well as economic factors such as levelized energy cost, specific investment cost, total 

product cost rate, payback period etc.  

Seyedkavoosi et al. (2017) performed exergetic optimization of organic Rankine cycle 

(ORC) for waste heat recovery from an internal combustion engine. The working fluids 

used were R123, R134a and water. System optimization was carried out to maximize net 

power output and exergy efficiency. The design variables used were operating pressures, 

pump and expander isentropic efficiencies and exhaust gas temperature. The results 

showed that R123 was the best working fluid which delivered a power output of 468 kWe 

and exergy efficiency of 21%. 

Darvish et al. (2015) performed exergo-economic optimization of a regenerative organic 

Rankine cycle utilizing a low temperature heat source. Exergy efficiency and cost rate of 

electricity were chosen as objective functions. Nine working fluids were tested. The 

degree of superheat and the pressure ratio were chosen as independent variables. R134a 

and Isobutane delivered the highest energy and exergy efficiencies. At source 

temperature of 120 ºC, the system exergy efficiencies for R134a and Isobutane were 19.6 

and 20.3% respectively. The largest exergy destructions occurred in the boiler and the 

expander. With R134a as the working fluid, the electricity cost rates for the system varied 

from 0.08 to 0.12 USD/kWh (6 to 9 Rs/kWh), depending on the fuel input cost. 

Boyaghchi and Heidarnejad (2015) carried out thermo-economic assessment of solar 

driven micro combined cooling heating and power cycle integrated with ORC. Thermal 

storage tank was installed to ensure uninterrupted operation of the system. The system 

was analyzed and optimized from thermodynamics and economic point of view. The 

results showed that, for summer mode, the thermal efficiency, exergy efficiency and 

product cost rate were found to be 23.66%, 9.51% and 5114.5 USD/year, while for winter 

mode, it was 48.45%, 13.76% and 5688.1 USD/year, respectively. Turbine inlet 

temperature, turbine inlet pressure, turbine back pressure, evaporator temperature and 

heater outlet temperature were chosen as the decision variables to investigate the 

performance of the overall system. The thermal efficiency, exergy efficiency and total 
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product cost rate were selected as three objective functions and Genetic Algorithm (GA) 

was employed for optimization of the system. The optimal values for thermal efficiency, 

exergy efficiency and total product cost rate were found to be 28, 27 and 17% in summer 

and 4, 13 and 4% in winter respectively.  

Imran et al. (2014) performed thermo-economic optimization of basic and regenerative 

ORC for waste heat recovery application. Thermal efficiency and specific investment 

cost of basic ORC, single stage regenerative and double stage regenerative ORC was 

optimized by using Non-dominated Sorting Genetic Algorithm-II (NSGA-II). Maximum 

thermal efficiency and minimum specific investment cost were selected as objective 

functions and relative increase in thermal efficiency and cost was analyzed, keeping basic 

ORC as the reference. Evaporation pressure, superheat, pinch point temperature 

difference in evaporator and condenser were chosen as the decision variables. R123, R11, 

R245fa, R141b and R134a are the working fluids which were considered for the analysis. 

Results showed that R245fa was the best working fluid and basic ORC configuration had 

low specific investment cost and thermal efficiency compared to regenerative ORC. The 

average increase in thermal efficiency from basic ORC to single stage regenerative ORC 

was 1.01% with an additional cost of 187 USD/kW while from basic ORC to double 

stage regenerative ORC was 1.45% with an average increase in cost of 297 USD/kW. 

Thermodynamic modeling of an integrated system consisting of a micro gas turbine, a 

single pressure heat recovery steam generator (HRSG), an ORC and an multi-effect 

desalination (MED) was conducted by Ameri and Jorjani (2016). Multi-objective 

optimization was performed to determine optimized design parameters. Desalination 

production and the power generation price were chosen as two objective functions. The 

inlet steam pressure to MED, pinch point temperature difference, evaporator pressure, 

condenser pressure and refrigerant mass flow rate were selected as design parameters. In 

addition, the optimization was performed for the different working fluids namely R123, 

R134a and R245fa. The exergy analysis results showed that the combustion chamber and 

the HRSG had the highest exergy destruction rate compared to other components. The 

results also showed that the exergy efficiency increased as the power generation price 
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decreased and when the compressor pressure ratio increased. Exergy efficiency of the 

cycle improved by 3%. R134a showed the best exergy efficiency compared to R123 and 

R245fa. 

Barse and Mann (2016) compared constrained ORC system design to non-constrained 

system design using 12 working fluids. The ORC model was developed using Aspen 

Hysys tool and validated with data obtained from the literature. The constrained design 

compared the performance of ORC fluids for a fixed heat exchanger and expander 

configuration. A non-constrained design was studied by altering the design specifications 

for the heat exchangers and turbine to match the working fluid. The exergy analysis was 

used to study exergy destruction across the ORC components. Cost analysis was 

performed by comparing the levelized cost of electricity (LCOE) for each working fluid 

in both designs. Non-constrained ORC system design lowered the LCOE for higher 

critical temperature working fluids such as R601, R601a, R123, R245ca, R245fa, R600, 

and R236ea. R245ca, R601, and R236ea showed 11, 10, and 9% decrease in LCOE 

respectively. However, there was no change in efficiency for lower critical temperature 

ORC fluids such as R236fa and R134a. 

Ge et al. (2015) proposed a simplified optimal design method to optimize main 

thermodynamic parameters for a regenerative ORC driven by flue gas waste heat, using 

interior penalty function optimization algorithm. Flue gas inlet temperature, evaporation 

temperature, pinch point temperature & regenerator effectiveness were used as the design 

variables and net power output was selected as the objective function. R245fa was used 

as the working fluid. Results showed that the regenerator always increased the flue gas 

temperature at the exit of the vapor generator, but it reduced the net output of the system. 

Therefore, when the flue gas inlet temperature is low, the regenerator should not be 

equipped. However, when the flue gas inlet temperature is high, the regenerator is 

required to avoid low-temperature dew point corrosion and to maximize the power 

output. 
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Baldi et al. (2015) performed optimization of a combined diesel and ORC system for 

marine application, using GA technique. R236ea, R245fa, MM, MDM, benzene, toluene 

and cyclopentane were used as the working fluids. Ship operational profile and engine 

control variables were included in the optimization procedure. Engine brake specific fuel 

consumption was selected as the objective function. Evaporator pressure, pinch point 

temperature difference & engine load factor were selected as the design variables. The 

study found cyclopentane and benzene to be the most suitable fluids. The results 

indicated that, the application of an optimisation procedure which takes the operational 

profile into account increased the savings of the installation of an ORC from 7.3 to 11.4% 

of the original yearly fuel consumption. The results also showed that, including the 

engine control strategy in the optimisation procedure led to significantly larger fuel 

savings than the optimisation of the waste heat recovery system alone. 

Nazari et al. (2016) proposed a novel steam-organic Rankine cycle to recover the waste 

heat of a gas turbine. The system consisted of a subcritical steam Rankine cycle that is 

coupled with a transcritical ORC. Three different organic fluids such as R124, R152a, 

and R134a were selected to monitor the thermodynamic and exergo-economic 

performance of the system. Results showed that maximum exergy efficiency and 

minimum total product cost rate of the system were 57.62% and 396.7 USD/h for the 

combined cycle with R124 and R152a, respectively. In addition to this, parametric 

investigation was carried out to investigate the effect of key parameters such as steam 

turbine inlet pressure, ORC expander inlet pressure, ORC preheater pinch temperature 

and ORC condensation temperature on exergetic efficiency and total product cost rate of 

the system. GA was used to conduct a multi-objective optimization of the system with 

two objective functions including exergy efficiency and total product cost rate. The 

results of optimization revealed that combined cycle with R152a showed the best 

performance among the analyzed fluids. 

Quoilin et al. (2011) presented the results of thermodynamic and economic optimization 

of ORC for waste heat recovery application. R245fa, R123, n-butane, n-pentane, R1234yf 

and Solkatherm were used as the working fluids. Results indicated that, the operating 
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point for maximum power does not correspond to that of the minimum specific 

investment cost. The economical optimum and thermodynamic optimum were different 

for each working fluid. The economical optimum was obtained for n-butane with a 

specific cost of 2136 €/kWe, a net output power of 4.2 kWe, and an overall efficiency of 

4.47%, while the thermodynamic optimum was obtained for the same fluid with an 

overall efficiency of 5.22%. 

Xi et al. (2013) performed a parametric optimization of regenerative ORC for low grade 

waste heat recovery using GA. The performances of three different ORC systems 

including the basic ORC (BORC) system, the single-stage regenerative ORC (SRORC) 

system and the double-stage regenerative ORC (DRORC) system using six different 

working fluids were examined. The optimized thermodynamic parameters were turbine 

inlet pressure, turbine inlet temperature and the fractions of the flow rate of regenerative 

ORC systems. The maximum exergy efficiencies of the BORC, the SRORC and the 

DRORC system were 50.61, 55.01 and 56.87%, respectively. The best cycle performance 

was achieved in DRORC system with an exergy efficiency of 56.87% using R11 as the 

working fluid. 

Wang et al. (2019) studied a novel biomass fired, double pressure ORC based 

cogeneration (CHP) system.  In this study, mathematical model was proposed to evaluate 

thermodynamic and economic performance of the system. Parametric analysis was 

performed to investigate the effect of key operating parameters such as inlet pressures of 

the high pressure (HP) expander and the low pressure (LP) expander, the extracting ratio, 

and the superheating temperature at the HP expander inlet, on the system performance. 

Results showed R141b as working fluid performed better than R123. All operating 

parameters had significant effect on the ORC performance and the overall capital cost 

rate. An optimization algorithm was developed to determine the best operating condition 

of system, based on the equilibrium point method. Optimization results showed that the 

proposed system with R141b delivered net electric power output of 1.66 kW with ORC 

thermal efficiency of 11.28%, CHP thermal efficiency of 77.7% and capital cost rate of 

0.363 USD/h. 
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Le et al. (2014) carried out thermodynamic and economic optimizations of a subcritical 

ORC using two pure organic compounds; n-pentane and R245fa, and their mixtures with 

various concentrations. Two optimization studies were carried out to find the optimal 

conditions of the system and to determine the best working fluid. Exergy efficiency and 

LCOE (Levelized Cost of Electricity) were selected as the objective functions. Hot water 

at temperature of 150 ºC and pressure of 5 bar were used to simulate the heat source 

medium. Cooling water at temperature of 20 ºC was considered to be the heat sink 

medium. The mass flow rate of heat source was fixed at 50 kg/s for the optimization 

process. Optimization results showed that, the n-pentane-based ORC showed the highest 

maximum exergy efficiency (53.2%) and the lowest minimized LCOE (0.0863 

USD/kWh). In LCOE minimization optimization, n-pentane-based ORC delivered the 

most profitable cycle: the lowest specific total capital investment (3184 USD/kW), the 

shortest payback period (10.78 years) and the smallest minimized LCOE (0.0863 

USD/kWh). The study also concluded that R245fa based ORC system was least 

profitable at maximum exergy efficiency. 

2.3 Review of components in ORC system 

The heat exchange process in the ORC evaporator has been a subject of interest for many 

researchers. Analysis of heat exchangers using computational fluid dynamics (CFD) is 

very expensive and time consuming. Moreover, such models cannot be used to study the 

off design performance of the ORC systems, as it cannot be integrated with the ORC 

system models. The other alternative is using predetermined heat transfer correlations to 

estimate the heat exchanger surface area. Some recent studies on heat exchangers in ORC 

based on heat transfer correlations have been reported in section 2.3.1.  

2.3.1 Evaporator  

Walraven et al. (2014) compared shell and tube heat exchangers with plate heat 

exchangers for low temperature ORC applications. Models for heat exchangers used in 

single-phase flow, evaporation and condensation which are available in open literature 

were implemented and was incorporated in ORC model. The study concluded that ORCs 
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with all plate heat exchangers perform better than ORCs with all shell-and-tube heat 

exchangers. 

Imran et al. (2015) presented a hydraulic and thermal design model of a chevron type 

plate evaporator and conducted an optimization study of its geometrical parameters for a 

low temperature geothermal ORC system. Geometrical parameters such as length, width 

and plate spacing were selected as decision variables. The minimum cost of evaporator 

and minimum pressure drop were chosen as objective functions under constraint of 

constant heat transfer. Optimization results were presented in the form of Pareto Front 

solution which is trade-off between pressure drop and cost of evaporator. The minimum 

cost of evaporator was 1570 USD corresponding to a pressure drop of 125 kPa while the 

maximum cost was 6988 USD corresponding to a pressure drop of 5.2 kPa. The 

sensitivity analysis showed that the plate length had a promising effect on pressure drop 

and cost of evaporator.  

Rohmah et al. (2015) analyzed the effect of plate spacing in plate heat exchanger (PHE) 

which was used as a condenser in low temperature ORC plant. The results showed that 

the increase in plate spacing had effects on the channel cross sectional area, channel 

velocity, equivalent diameter, and Reynolds number at both, hot and cold sides of the 

PHE. These parameters affected the total heat transfer area and total pressure drop which 

influenced the PHE condenser performance. The design was carried out by calculating 

condenser capacity in single and two phase zones, estimating overall heat transfer 

coefficient, and calculating heat transfer area and plate film coefficient. The study 

concluded that the increase in plate spacing results in increase in total heat transfer area 

and decrease in total pressure drop within the heat exchanger. 

 

Wang et al. (2013) analyzed an ORC system driven by a low grade heat source. Using the 

thermodynamic mathematical models of ORC, they examined the effects of key 

thermodynamic design parameters, including turbine inlet pressure, turbine inlet 

temperature, pinch temperature difference and approach temperature difference in (heat 

recovery vapor generator) HRVG, on the net power output and surface areas of both the 
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HRVG and the condenser using R123, R245fa and isobutane. Considering the economic 

factor for the system optimization design, a ratio of net power output to total heat transfer 

area was selected as the performance evaluation criterion. Genetic algorithm was 

employed to optimize the system performance. The results showed that turbine inlet 

pressure, turbine inlet temperature, pinch point temperature difference and approach 

temperature difference had significant effects on the net power output and surface areas 

of both the HRVG and the condenser. From parametric optimization it was inferred that 

the ORC system with Isobutane showed the best system performance than that with R123 

or R245fa. 

Imran et al. (2017) presented thermal and hydraulic optimization of water to water 

Chevron type plate heat exchanger. The optimization was carried out using the multi 

objective GA in Matlab optimization environment. The two objective functions were 

pressure drop of hot side and heat transfer. Sensitivity analysis was performed to analyse 

the effect of geometrical parameters of heat exchanger on thermal and hydraulic 

performance. The sensitivity results showed that the heat transfer and pressure drop were 

greatly affected by the vertical port centre distance, plate spacing and number of thermal 

plates. 

Feng et al. (2015) carried out sensitivity analysis of organic Rankine cycle for low 

temperature waste heat recovery. Parametric sensitiveness was evaluated for five 

different parameters of the system. The exergy efficiency and the heat exchanger area per 

unit net power output were selected as the objective functions for multi-objective 

optimization. R123 was used as the working fluid. The heat source temperature was 

maintained at 423 K. The Pareto frontier solution was obtained for maximizing exergy 

efficiency and minimizing heat exchanger area. The results indicated that increasing the 

evaporator outlet temperature led to the improvement in thermal efficiency and exergy 

efficiency. The optimum exergy efficiency and heat exchanger area of the regenerative 

ORC were 59.93% and 3.07 m2/kW, which were 8.10% higher and 15.89% lower than 

that of the basic ORC, respectively. 
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2.3.2 Expander 

The most critical component in ORC is the expansion device which converts the 

available thermal energy into mechanical work. Selection of expanders in ORC systems 

requires in-depth assessment of different parameters such as power output, expansion 

ratio, complexity in design, cost and isentropic efficiency. Mathematical models are used 

for performance characterization of the expanders and to optimize their geometries and 

operating parameters. Some researchers developed mechanistic models which predict the 

behaviour of the machine based on their geometry and configuration (Garg et al. 2016; 

Ma et al. 2017; Oralli et al. 2011). But the geometric models has to be combined with 

other sub-models such as valve model, internal leakage model, motion equation, heat 

transfer equation etc. to complete the  expander modelling. Hence, it becomes more 

complicated and cannot be integrated into cycle models. Therefore, empirical and semi-

empirical models are preferred.  Since, the present study is focussed on low temperature 

and low capacity ORC systems; the review is restricted to semi-empirical modeling of 

scroll expanders only. 

Dumont et al. (2017) compared various modelling methods for the off-design simulation 

of ORC systems. Constant-efficiency method, polynomial-based method and semi-

empirical method were compared. Measurements obtained on two experimental ORC 

facilities (3 and 10 kWe) were used as reference for the model calibration and evaluation. 

The study was first applied at a component level and then extended to the 

characterization of the entire organic Rankine cycle power systems. The results showed 

that semi-empirical models were the most reliable for simulating the off-design working 

conditions of ORC systems. 

Yang et al. (2018) proposed a semi-empirical model for the study of expansion process 

within the scroll expander using R1223zd (E) as the working fluid. The model is 

validated with experimental data based on genetic algorithm. Input parameters were 

assigned to mass flow rate, expander rotational speed, supply temperature and exhaust 

pressure. Supply pressure, exhaust temperature and net power were computed as output 
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results. The maximum deviation between the measured and predicted results was found 

to be 3.35%, 2.24 K and 6.09% respectively. Polynomial curve fitting showed that the 

expander isentropic efficiency could be predicted over a wide range with R2 = 97.997%. 

Lemort et al. (2009) presented the results of an experimental study carried out on a 

prototype of an open-drive oil-free scroll expander integrated into an ORC using R123 as 

the working fluid. By extracting the measurements of expander performance, the 

parameters of a scroll expander semi-empirical model were then identified. The model 

was able to compute variables such as the mass flow rate, the delivered shaft power and 

the discharge temperature. The maximum deviation between the predictions by the model 

and the measurements were 2% for the mass flow rate, 5% for the shaft power and 3 K 

for the discharge temperature. The validated model of the expander was finally used to 

quantify the different losses. This analysis pointed out that the internal leakages, the 

supply pressure drop and the mechanical losses were the main losses affecting the 

performance of the expander. 

Lemort et al. (2011) presented the results of an experimental study carried out on a 

prototype of a hermetic scroll expander, integrated into an ORC test rig, whose working 

fluid is R245fa. The expander was originally a compressor designed for heat pump 

applications and was characterized by a nominal power input of 2.5 kWe. Performance of 

the expander was evaluated in terms of isentropic effectiveness and filling factor as 

functions of the main operating conditions. The study also investigated the impact of oil 

mass fraction on the expander performance. Using the experimental data, parameters of a 

semi-empirical simulation model of the expander were identified. This model was used to 

analyze the measured performance of the expander. Finally, a polynomial empirical 

model of the expander was proposed for fast and robust simulations of organic Rankine 

cycle systems. 

Giuffrida (2014) proposed a generalized semi-empirical model to simulate the 

performance of the expander for ORC fluids other than R123. This model took correction 

of heat transfer coefficients into account, according to fluid density, viscosity, specific 

heat and thermal conductivity. This model was also used to calculate the efficiency of the 
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simple organic Rankine cycle with the power output fixed at 1, 1.5 and 2 kWe and the 

differences were noted for other working fluids. Results suggested that R141b is better 

than R123 in terms of cycle efficiency. However, considering the environmental 

regulations for phasing out HCFC’s, the new R1233zd (E) was found to be a potentially 

interesting fluid for studying a low-temperature ORC system. 

 The review shows that significant amount of work has been done on 

thermodynamic analysis and optimization of various configurations of ORC systems. 

However, studies related to standalone ORC systems for small scale applications (1-5 

kWe) are limited in open literature. Chevron plate heat exchangers are preferred over 

shell and tube heat exchangers for small scale ORC systems. It is observed from the 

review that sizing of the chevron plate heat exchanger evaporator for micro ORC systems 

using thermo-hydraulic models are less explored. Although the open literature gives lot 

of information on semi-empirical modeling of scroll expanders and its performance 

characterization, more needs to be explored to understand the behavior of the scroll 

expander under varying operating conditions such as shaft speed, expansion ratio and 

expander inlet temperature.  

2.4 Research objectives 

 To carry out sensitivity analysis and thermodynamic optimization of organic 

Rankine cycle (ORC) for selection of working fluid and to analyze the off-design 

behavior of the ORC system. 

 To study the magnitude and distribution of exergy losses within the ORC system 

and also to investigate the losses with respect to key thermodynamic parameters 

such as expander inlet pressure, superheat, condensation temperature and pinch 

point temperature difference. 

 To investigate the effect of key thermodynamic and geometric parameters on the 

plate heat exchanger evaporator surface area using a three zone evaporator steady 

state model. 
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 Parametric investigation of scroll expander using a validated semi-empirical 

model to study the effect of expansion ratio, shaft speed and inlet temperature on 

its performance.  

 Cost analysis and exergo-economic optimization of solar driven ORC system. 

2.5 Motive and scope of the present work 

It is evident from the open literature that, research works on standalone micro 

ORC systems are limited. Most of the scientific studies on ORC systems have mainly 

focused on ORC as bottoming cycle or is used in trigeneration or co-generation 

applications. In ORC systems, the temperature drop across the expanders is less. Net 

work output per unit mass of the working fluid is small in ORC plants.  In order to 

achieve higher power output (greater than 10 kWe), mass flow rate of working fluids has 

to increase. This will increase the size and cost of the ORC system.  Therefore, it is 

reasonable to adopt small capacity ORC systems (1-5 kWe). This feature makes them 

attractive in the scenario of DPG systems, where low-temperature thermal energy can be 

exploited. In particular, the development of mini ORC technologies, suitable for 

residential applications (1-5 kWe), has received more attention over the last few years 

(Galloni et al. 2015; Lemort et al. 2011; Muhammad et al. 2015; Ziviani et al. 2018) but 

satisfactory efficiencies has been one of the major drawback.  Selection of ORC working 

fluid is equally important to enhance the performance output for a given ORC system and 

the system has to be optimized for a particular working fluid. ORC systems has been 

largely used for waste heat recovery systems in industrial applications and as bottoming 

cycle in combination with other applications such as internal combustion engines, 

desalination, geothermal etc. In addition to this, the other advantages of using ORC 

systems are compact design, easy installation and environmentally friendly. Studies 

related to analysis of Chevron type plate heat exchangers used in ORC systems are 

limited in open literature. Heat transfer correlations will help in sizing of heat exchangers 

for ORC systems without using computational techniques such as CFD, which is tedious 

and expensive. Although, positive displacement expanders are suitable for small capacity 

plants, they are characterized by poor expansion efficiency (<75%). Therefore, this area 
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needs focus, to improve the overall energy conversion efficiency. It was revealed from 

the scientific literature that, studies on performance characterization of scroll expanders 

using semi-empirical modeling techniques are limited. Studies on economic analysis of 

ORC systems are also limited in open literature.  

2.6 Methodology 

Research methodology has been detailed in the form of flowchart in Figure 2.1. In this 

study, sensitivity analysis is carried out to investigate the effect of some important 

thermodynamic parameters such as expander inlet pressure, expander inlet temperature, 

condensation temperature and pinch point temperature difference, on the performance of 

the ORC system. Energy and exergy analysis has been conducted to identify the location 

and magnitude of the losses within the ORC system and to optimize the system for 

maximum exergy efficiency. Effort has been made to study the effect of thermodynamic 

and geometric parameters on the size and cost of the chevron type plate evaporator, using 

a three-zone evaporator model. Parametric investigation of the scroll expander is carried 

out using semi-empirical scroll expander model to study the effect of expansion ratio, 

shaft speed and inlet temperature on the performance of the expander. Finally, cost 

analysis and exergoeconomic optimization of 1 kWe driven solar ORC system is 

performed and a comparison is made with the existing solar PV systems in India.  
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Figure 2.1: Research methodology of the present study 
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CHAPTER 3  

ENERGY AND EXERGY ANALYSIS OF MICRO ORGANIC RANKINE CYCLE 

SYSTEM 

The exergy analysis methodology is a combination of first and second laws of 

thermodynamics which takes into account the environmental conditions. It is the most 

appropriate tool for thermodynamic analysis and process optimization (Al-Sulaiman et al. 

2012; Ashouri et al. 2017; Cihan and Kavasogullari 2017; Pei et al. 2010; Seyedkavoosi 

et al. 2017). Exergy is a measure of the maximum capacity of a system to perform useful 

work as it proceeds to a specified final state in equilibrium with its surroundings. Every 

substance not in equilibrium with its environment has some quantity of exergy, while a 

system that is in equilibrium with its environment has zero exergy since it has no ability 

to produce work with respect to its environment. Exergy destruction is the measure of 

irreversibility that is the source of performance loss. Exergy analysis assessing the 

magnitude of exergy destruction identifies the location, the magnitude and the source of 

thermodynamic inefficiencies in a thermal system. Therefore, energy analysis based on 

first law of thermodynamics does not give a clear picture of the irreversibilities occurring 

within the system. In contrast, the second law efficiency or exergy efficiency gives a 

realistic view of different components of ORC system for evaluation of system 

performance and exergy losses.  

The selection of the working fluid plays a key role in ORC design in order to 

achieve efficient and safe operation. Ideally the working fluids should have a high 

enthalpy drop across the expander to achieve higher power output, higher latent heat for 

compactness of the ORC module, favourable thermophysical properties, such that the 

ORC fluids does not suffer from chemical deterioration and decomposition at higher 

temperatures, higher thermal conductivity, low viscosity, lower operating pressures, non-

toxic, non-corrosive that is compatible with equipment material and must be non-

flammable. After evaluation of variety of substances comprehensively from previous 

works based on thermodynamic properties, cost, stability etc. the major working fluids 

investigated in this study of a small-scale basic ORC system are R245fa, R123, Isobutane 
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and R134a (Wang et al. 2013). The thermo physical properties and other aspects related 

to the chosen working fluids are listed in Table 3.1.  

Table 3.1: Properties of the selected ORC working fluids (Wang et al. 2013) 

Working 
fluid 

Molecular 
mass 
(kg/k mol) 

Critical 
temperature 
(ºC) 

Critical 
pressure 
(bar) 

Boiling 
point  
(ºC) 

ODP GWP 

R245fa 134.05 154.01 36.4 15.14 0 950 

R123 152.93 183.68 36.68 27.82 0.02 77 

Isobutane 58.12 134.7 36.3 -11.73 0 20 

R134a 102.03 101.06 40.6 -26.07 0 1430 

In this study, a small-scale ORC power generation system is assessed. The working fluids 

used are R245fa, R123, Isobutane and R134a. The organic Rankine cycle is modeled 

based on the laws of mass and energy conservations. This helps in studying the off-

design performance of the ORC system. A parametric investigation has been carried out 

to study the impact of key thermodynamic parameters such as expander inlet pressure, 

expander inlet temperature, condensation temperature and pinch point temperature 

difference (PPTD), on the performance of the system. Sensitivity analysis is done to 

check the weightage of each parameter on the overall performance of the system. Genetic 

algorithm optimization technique is adopted to find the optimal parameters for each 

working fluid, at which maximum exergy efficiency is achieved. In the second part of 

this work, detailed exergy analysis of small scale ORC system is carried out to evaluate 

the exergy losses in ORC components and to analyze the performance of the system from 

the exergy analysis viewpoint. Parametric investigation is performed to study the effect 

of evaporator pressure, condenser pressure, pinch point temperature difference, 

superheating and dead state temperature on energy & exergy efficiencies and 

irreversibilities within the system.  
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3.1 System description 

In this study, ORC power generation system which is driven by low grade heat energy is 

assessed. The working fluids analyzed are R245fa, R123, Isobutane and R134a. The 

working principle of ORC is analogous to the conventional steam Rankine cycle. The 

ORC subsystem consists of a pump, an evaporator, an expander and a condenser as 

shown in Figure 3.1. ORC comprises of the following processes. 

2-3:  Isobaric absorption of heat to produce high pressure vapor in the evaporator. 

3-4s: Isentropic expansion of the pressurized vapor through the expander 

3-4: Actual expansion of the pressurized vapor through the expander 

4-1: Isobaric rejection of heat in the condenser 

1-2: Actual compression of the working fluid in the pump. 

 

Figure 3.1: Schematic demonstration of a low temperature ORC system 
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Figure 3.2: Temperature-entropy (T-s) diagram of R245fa 

All the processes are shown in T-s diagram of R245fa which is depicted in Figure 3.2. 

Working fluid is delivered by the pump into the evaporator where heat exchange occurs 

from external heat source to the working fluid.  The pressurized vapor passes through the 

turbine, where it expands and rotates the shaft. Power is produced by the electric 

generator which is coupled to the turbine. Lastly, the ORC fluid enters the condenser 

where the heat rejection occurs. The working fluid then returns to the pump to complete 

the cycle. 

3.2 Thermodynamic model of ORC system 

The organic Rankine cycle is modeled based on the laws of mass and energy 

conservations. General expressions of mass and energy balances of any steady state 

control volume, by neglecting the potential and kinetic energy changes is expressed as: 
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in outm m                                                            (3.1) 

out inout inQ W m mh h                                      (3.2) 

where, subscripts ‘in’ and ‘out’ represent the inlet and exit states, ‘Q’ and ‘W’ are the net 

heat and work inputs (Kas 2014). 

Certain assumptions were made to simplify the analysis. These are as follows: 

a) The calculated points are obtained when the system has reached steady state. 

b) The working fluid is in saturated liquid state at the condenser outlet. 

c) The dead state temperature and pressure are 25 ºC and 1 bar (atmospheric) 

respectively. 

b) Isentropic efficiency of pump and expander are constant at 70%. 

c) Pressure drops in heat exchangers and connecting pipes are neglected. 

d) The fouling effects of the heat exchanger are negligible. 

Table 3.2: Design conditions of ORC system 

Sl No Name Value Unit 

1 Specific heat of the heat transfer fluid 4.19 kJ/kg °C 

2 Isentropic efficiency of pump 70 % 

3 Isentropic efficiency of expander 70 % 

4 Mass flow rate of the heat transfer fluid 0.3 kg/s 

5 Temperature at dead state 25 ºC 

6 Pressure at dead state 1.0 bar 

The input conditions for the thermodynamic analysis are tabulated in Table 3.2. The 

details of the mathematical model are expressed as follows: 

Pump work is calculated as, 

 2 1
pp 1 1

pp

P P
W M v


  


                                                                                     (3.3)                     
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The heat addition in the evaporator, 

 1 3 2Q M h h                                                                                                 (3.4) 

Isentropic efficiency of the expander is calculated as the ratio of actual work done by the 

expander to that of the isentropic work done by the expander. 

 
 

3 4
t

3 4s

h h

h h


 


            (3.5) 

Actual work done by the expander, 

 t 1 3 4W M h h                                                                                               (3.6)  

For a given isentropic efficiency of the expander, the actual work done by the expander 

can be calculated as, 

 t 1 3 4s tM h hW                                                                                         (3.7)  

The thermal efficiency is calculated as, 

t pp
th

W W

Q


 

 
                                                                                                    (3.8) 

The exergy efficiency is given by, 

 

t pp
exg

in

W W

E


 

 
                                                                                                  (3.9)  

     

 
   

t pp
exg

2 5 6 o 5 6

W W

M h h T s s


 

     

 
                                                              (3.10) 
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3.3 Parametric analysis 

Parametric investigation is carried out by varying single parameter while keeping all 

other parameters constant. Four key thermodynamic parameters such as expander inlet 

temperature, expander inlet pressure, condensation temperature and pinch point 

temperature difference are analysed and its impact on net work output, mass flow rate, 

thermal and exergy efficiencies are studied in detail. 

3.3.1 Expander inlet temperature  

This analysis is based on the assumption that various ORC fluids at the inlet of expander 

are in superheated condition (degree of superheat is maintained at 5 ºC) and the inlet 

pressure of expander was kept constant for each working fluid. (R245fa at 3.43 bar, R123 

at 2.13 bar; Isobutane at 6.84 bar; R134a at 13.19 bar). The condensation temperature 

was set to 35 ºC, heat source temperature and pinch point temperature difference was 

fixed at 100 and 5 ºC respectively. 

The variations of net work output, mass flow rate of ORC working fluid, enthalpy 

drop across the expander, thermal and exergy efficiency with expander inlet temperature 

has been illustrated in Figure 3.3 to Figure 3.7. It can be seen that the increase of 

expander inlet temperature yields an increase in enthalpy drop across the expander 

increases and decrease in mass flow rate of the ORC working fluid. Since the evaporation 

temperature and the pinch point temperature difference (PPTD) remains constant, a 

higher enthalpy difference is attained as a result of increasing expander inlet temperature. 

Hence, the mass flow rate of the ORC working fluid decreases according to energy 

balance. The increase in enthalpy difference across the expander is lesser than the 

decrease in mass flow rate of the working fluid. Thus, the net work output reduces. The 

thermal efficiency increases accordingly and exergy efficiency shows a slight reduction.  
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Figure 3.3: Effect of expander inlet temperature on net work output 

 

 

  

Figure 3.4: Effect of expander inlet temperature on working fluid mass flow rate 
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Figure 3.5: Effect of expander inlet temperature on enthalpy difference across the 

expander 

 

 

Figure 3.6: Effect of expander inlet temperature on thermal efficiency 
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Figure 3.7: Effect of expander inlet temperature on exergy efficiency 
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pressure, the thermal efficiency and exergy efficiency also shows an increasing trend 

with increase in expander inlet pressure. 

 

Figure 3.8: Effect of expander inlet pressure on net work output 

 

 

Figure 3.9: Effect of expander inlet pressure on working fluid mass flow rate 
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Figure 3.10: Effect of expander inlet pressure on enthalpy difference across the expander 

 

 

 

Figure 3.11: Effect of expander inlet pressure on thermal efficiency 
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Figure 3.12: Effect of expander inlet pressure on exergy efficiency 

3.3.3 Effect of Pinch point temperature difference 

Pinch point temperature difference (PPTD) is an important aspect in heat exchanger 

design. Lesser the PPTD, evaporator size increases. The PPTD is defined as the 

temperature difference between hot water exit temperature from evaporation zone and 

saturation temperature corresponding to evaporation pressure. Figure 3.13 to Figure 3.17 

highlights the effect of PPTD on the performance of the system. Evaporation pressure 

was kept constant for each working fluid (R245fa at 6 bar; R123 at 4 bar, Isobutane at 8 

bar and R134a at 20 bar). Heat source temperature and the condensation temperature 

were set to 100 and 35 ºC respectively. The PPTD was varied from 6 to 20 ºC and its 

effect on all thermodynamic parameters was analyzed. The analysis showed that with the 

increase in PPTD, the net work output and exergy efficiency decreases, while the 

enthalpy difference across the expander and the thermal efficiency remains constant. 

When PPTD increases, the mass flow rate decreases resulting in the reduction in net work 

output. It shows less heat is being utilized in the evaporator region as the PPTD is 
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thermal efficiency.  
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Figure 3.13:  Effect of pinch point temperature difference on net work output 

 

 

 

Figure 3.14: Effect of pinch point temperature difference on working fluid mass flow 
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Figure 3.15: Effect of pinch point temperature difference on enthalpy difference across 

the expander 

 

 

 

Figure 3.16: Effect of pinch point temperature difference on thermal efficiency 
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Figure 3.17: Effect of pinch point temperature difference on exergy efficiency 

3.3.4 Effect of condensation temperature 

The condensation temperature is an important criterion to be considered while examining 

the system performance. Evaporation pressure was set constant for each working fluid 

(R245fa at 6 bar; R123 at 4 bar, Isobutane at 8 bar and R134a at 20 bar). Heat source 

temperature and PPTD in condenser was set to 100 and 5 ºC respectively. The 

condensation temperature was set to vary from 30 to 40 ºC.  The state of the fluid at entry 

of the expander is superheated (with a degree of superheat of 5ºC).  Figure 3.18 to Figure 

3.22 depicts the variation of system performance with condenser temperature. The net 
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condensation temperature. Higher thermal efficiency is obtained by decreasing the 

condensation temperature, as more work can be extracted from the expander for a given 

expander inlet temperature. With the increase in condensation temperature, it is observed 

that the enthalpy difference across the expander reduces and the mass flow rate of the 

working fluid remains the same. As a result, the net power output also shows a 
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available for extraction. As a result, enthalpy difference across the expander, thermal 

efficiency and exergy efficiency reduces.   
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Figure 3.18: Effect of condensation temperature on net work output 

 

 

 

Figure 3.19: Effect of condensation temperature on working fluid mass flow rate 
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Figure 3.20: Effect of condensation temperature on enthalpy difference across the 

expander 

 

 

Figure 3.21: Effect of condensation temperature on thermal efficiency 
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Figure 3.22: Effect of condensation temperature on exergy efficiency 
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improve net work output, followed by decreasing condensation temperature and pinch 

point temperature difference.  

 When R245fa is used, expander inlet temperature, whose average derivative is 

0.0000095, hardly makes any impact on thermal efficiency. In case of exergy efficiency, 

the average derivative for the expander inlet temperature is 0.00017. However, average 

derivatives with respect to expander inlet pressure (0.011 for thermal efficiency, 0.056 

for exergy efficiency) show that expander inlet pressure seems to make a significant 

impact on the thermal and exergy efficiencies. The average derivative of 0.35 for net 

work output shows that there is a tremendous improvement in the expander work output 

when the expander inlet pressure is increased. Variation in PPTD has zero change on the 

thermal efficiency. Furthermore, very little impact is made by PPTD on the exergy 

efficiency (0.0031) also. Hence, expander inlet pressure should be increased to enhance 

the system performance. Condensation temperature should also be reduced to achieve 

maximum performance. Other working fluids also exhibited similar trend. 

Table 3.3: Sensitivity analysis of net power output, thermal efficiency and exergy 

efficiency for R245fa 

Parameters Wnet ƞth ƞex 

Expander inlet temperature 0.005 0.0000095 0.00017 

Expander inlet pressure 0.35 0.011 0.056 

Condensation temperature 0.085 0.0016 0.010 

PPTD 0.1 0 0.0031 
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Table 3.4: Sensitivity analysis of net power output, thermal efficiency and exergy 

efficiency for R123 

Parameters Wnet ƞth ƞex 

Expander inlet temperature 0.0025 0.000012 0.00012 

Expander inlet pressure 0.30 0.019 0.095 

Condensation temperature 0.075 0.0017 0.010 

PPTD 0.1 0 0.0031 

 

Table 3.5: Sensitivity analysis of net power output, thermal efficiency and exergy 

efficiency for Isobutane 

Parameters Wnet ƞth ƞex 

Expander inlet temperature 0.0027 0.000024 0.0022 

Expander inlet pressure 0.25 0.0082 0.045 

Condensation temperature 0.12 0.0018 0.013 

PPTD 0.06 0 0.0023 

 

Table 3.6: Sensitivity analysis of net power output, thermal efficiency and exergy 

efficiency for R134a 

Parameters Wnet ƞth ƞex 

Expander inlet temperature 0.0005 0.000025 0.0001 

Expander inlet pressure 0.13 0.0041 0.023 

Condensation temperature 0.096 0.0016 0.011 

PPTD 0.094 0 0.0031 
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3.5 Genetic Algorithm optimization for selection of working fluid 

Genetic algorithm (GA) was first developed by Prof. John Holland at University of 

Michigan in 1975. GA is based on the mechanics of natural selection and natural 

genetics. The algorithm moves towards the optimal solution by applying Darwinian 

principle of ‘survival of the fittest’. The algorithm simulates the process of evolution 

where successive generations will be better compared to the previous generations. GA is 

preferred over other traditional optimization techniques because of its robustness and 

faster convergence. GA works with the coding of the parameter set. In GA optimization, 

the algorithm searches for a population of points compared to single point in traditional 

optimization methods. This prevents the convergence of the algorithm to sub-optimal 

solutions.  

In GA method, a population of 2n to 4n solutions is assumed where ‘n’ is the number of 

variables. These are called individuals. Each individual is represented by a string of 

binary variables, which corresponds to chromosomes in genetics. The numerical value of 

the objective function corresponds to the concept of fitness in genetics. After trial 

solutions are selected, a new set of strings or generation is produced by using stochastic 

principles, selecting the fittest parents to produce children from trial solutions or 

individuals. Fitness function is the criteria for selecting the individuals. The initial 

population is generated randomly. New population is created by applying crossover and 

mutation operators to the selected individuals (parents). In crossover operation, a portion 

of string of each of the two parents is exchanged which generates new solutions. 

Mutation is the random alteration of binary digits in a string. The procedure is shown in 

the form of a flowchart in Figure 3.23. 

The thermodynamic model shown in section 3.2 is used for GA. However, the equations 

are modified to create five degrees of freedom (or independent variables) and to frame a 

constrained maximization problem. Exergy efficiency is chosen as the objective function. 

Expander inlet pressure, expander inlet temperature, condensation temperature, 

evaporator hot fluid inlet temperature, and pinch point temperature difference were  
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Figure 3.23: Schematic diagram indicating the genetic algorithm process 

selected as the independent variables. The upper and lower bounds for each variable were 

defined for all working fluids. The objective function for the basic ORC cycle is given 

by, 

Maximize ղ𝐞𝐱𝐠, 

Subjected to constraints, 

2.5 bar ≤ P ≤ 8 bar for R245fa; 2.5 bar ≤ P ≤ 5 bar for R123; 4 bar ≤ P ≤ 12 bar for 

Isobutane; 10 bar ≤ P ≤ 20 bar for R134a 
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30 ≤ Tcond ≤ 40 

90 ≤ Ti ≤ 120 

55 ≤ Tsup ≤ 75 

5 ≤  PPTD ≤ 20 

The input operating conditions and constraints for optimization for each working fluid are 

mentioned in Table 3.7. GA optimization is carried out using EES. After the constraints 

and the objective function are defined, the GA tool evaluates the objective function. The 

iterations continue till it finds the optimal solution.  

Table 3.7: Input data for GA optimization  

Fluids R245fa R123 Isobutane R134a 

Population size 64 

Stop generation 128 

Mutation probability 0.25 

Range of turbine inlet 
temperature (ºC) 

55-75 

Range of expander inlet 
pressure (bar) 

2.5 – 8 2.5 – 5   4-12 10–20 

Range of condensation 
temperature (ºC) 

          30–40 

Range of evaporator hot side 
inlet temperature (ºC) 

           90-120 

Range of pinch point 
temperature difference (ºC) 

         5-20 
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Table 3.8: Optimization results of ORC system for all working fluids 

Working 
Fluid 

Tsup  

(ºC) 

P  

(bar) 

Tcond  

(ºC) 

Ti 

 (ºC) 

PPTD 

(ºC) 

Wnet  

(kWe) 

ƞth  

(%) 

ƞexg   

(%) 

R245fa 74.85 6.07 30.03 90.4 5.009 1.82 7.04 44.98 

R123 74.37 3.66 30.00 90.17 5.18 1.83 7.1 45.53 

Isobutane 74.58 10.36 30.01 90.01 5.12 1.89 6.56 42.89 

R134a 74.98 19.94 30.00 90.02 5.00 1.98 6.32 41.91 

The upper limit of the expander inlet temperature is fixed at 75 ºC to enable stable 

operation of the system. Table 3.8 lists the results of optimization using 4 ORC fluids, i.e. 

R245fa, R123, Isobutane and R134a. From the optimization results, it can be seen that, 

expander inlet temperature is close to the upper limit value (75 ºC) which was set before 

the start of GA. Optimized inlet pressure values for each working fluid is the saturation 

pressure corresponding to expander inlet temperature of 75 ºC. R123 has the highest 

thermal efficiency (7.1%) and exergy efficiency (45.53%) at lowest expander inlet 

pressure (3.66 bar) compared to other ORC fluids. This characteristic aids in safe 

operation of the system and shows better utilization of the heat source compared to other 

working fluids. The optimal heat source temperature is 90 ºC approximately for all 

working fluids. From the optimization results, it can be inferred that R245fa and R123 is 

better suited for low temperature ORC applications compared to R134a and Isobutane 

because of its efficient system performance at lower operating pressures and 

temperatures.  

3.6 Exergy analysis of ORC system 

It is observed from the energy analysis that, R245fa is efficient at low operating 

pressures. The thermophysical properties of R245fa are listed in Table 3.9. R245fa is 

non-corrosive, non-flammable, inexpensive and has zero ODP (Cioccolanti et al. 2018). 

R245fa has a lower specific volume when compared to R123. Therefore, R245fa is 

selected as the working fluid for further analysis. In this study, exergy analysis is carried 
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out to identify the location and to assess the magnitude of exergy destruction in each 

component of ORC power block. In addition to this, parametric investigation is done to 

study the effect of evaporator pressure, condenser pressure, pinch point temperature 

difference, superheating and dead state temperature on energy & exergy efficiency and 

exergy destruction.  

Table 3.9: Thermophysical properties of R245fa  

Sl No Property Value Unit 

1 Molecular mass 134.05 kg/K mol 

2 Critical temperature 154.05 ºC 

3 Critical pressure 4.25 MPa 

4 Boiling point 14.90 ºC 

5 Ozone depletion potential 0 - 

6 Global warming potential 950 /100 year 

The thermodynamic model used for exergy analysis is the extension of the model shown 

in section 3.2. The governing equations used in this analysis are as follows: 

The rate of irreversibility in each component of organic Rankine cycle is evaluated by 

applying exergy balance across the device at steady state. Specific flow exergy is given 

by  

 o o oe (h h ) T s s                                                                                        (3.11) 

Exergy rate is calculated as, 

E m e                                                                                                            (3.12) 

where ‘m’ is the mass flow rate. 
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Irreversibilities in evaporator, condenser, working fluid pump and expander is calculated 

by applying exergy balance across each component. 

Evaporator: 

 evp 5 6 3 2I E E (E E )                                                                                  (3.13) 

Condenser: 

   cond 7 8 1 4I E E E E                                                                                 (3.14)              

Working fluid pump: 

            pump 1 pp 2I E W E                                                                                       (3.15)                         

  

Expander: 

        exp 3 4 tI E (E W )                                                                                            (3.16)                     

 

Total irreversibility is calculated as the sum of irreversibilities in the subcomponents i.e. 

evaporator, condenser, pump and expander and the exergy transferred to the condenser 

cooling water. This is given by, 

total e vp cond pump exp rejI I I I I I                                                                         (3.17) 

 

Total rate of exergy destruction can also be defined as the difference between input 

exergy and net work output of the cycle. 

 

total in netI E W                                                                                                   (3.18) 

 

The exergy efficiency of a component is defined as the ratio of used exergy of the 

component to the available exergy of the same component. The exergy efficiencies of 

evaporator and condenser is defined in Equation (3.19) & Equation (3.21), respectively, 

as the ratio of exergy recovered by the cold stream to the exergy supplied by the hot 
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stream. Exergy efficiency of the expander as shown in Equation (3.20) shows how much 

of useful work has been extracted by the expander from the exergy stream. Similarly, 

exergy efficiency of the pump is defined in Equation (3.22).  

3 2
exg _ evp

5 6

E E

E E


 


                                                                                            (3.19) 

t
exg _ exp

3 4

W

E E
 




                                                                                            (3.20) 

8 7
exg _ cond

4 1

E E

E E


 


                                                                                       (3.21) 

 2 1
exg _ pump

pp

E E

W


                                                                                          (3.22) 

Table 3.10: Input parameters for energy and exergy analysis (Galloni et al. 2015) 

Sl No Name Value Unit 

1 Isentropic efficiency of pump 80 % 

2 Isentropic efficiency of expander 80 % 

3 Hot water mass flow rate 0.288 kg/s 

4 Cold water mass flow rate 0.248 kg/s 

5 Hot water inlet temperature in Evaporator 95 ºC 

6 Cold water inlet temperature in condenser 27 ºC 

7 Pinch point temperature difference in evaporator and 
condenser 

5 ºC 

8 R245fa pressure at evaporator outlet 10 bar 

9 R245fa pressure at condenser inlet 2.02 bar 

10 Temperature at dead state 25 ºC  

11 Pressure at dead state 1.0 bar 
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The input parameters are listed in Table 3.10. These parameters are selected based on the 

experimental study conducted by Galloni et al (2015). They designed and developed a 

prototype of a 1 kWe ORC power plant using R245fa as the working fluid. The ORC 

system delivered a net electric work output of 1.2 kW and a thermal efficiency of 10.2% 

as presented in Table 3.11. 

Table 3.11: Energy analysis 

Sl No Parameter Value Unit 

1 Net work output 1.2 kWe 

2 Thermal efficiency 10.2 % 

Figure 3.24 shows the exergy losses in major components of ORC system, which is 

represented as the percentage of total rate of exergy destruction. The objective of this 

analysis is to identify the location and the magnitude of the inefficiencies within the ORC 

power block. The total exergy input to the ORC is 2.28 kW.  Net power output of 1.2 

kWe constitutes to 52.63% of the exergy input. Evaporator accounted for the maximum 

exergy loss which is around 0.446 kW or 19.6% of the inlet exergy. This is followed by 

exergy loss in the expander which accounts for 12.5% of the exergy input (0.285 kW). 

Exergy rejection to condenser cooling water is about 0.254 kW or 11.14% of the exergy 

input. 8% of the exergy input or 0.087 kW exergy loss occurs in the condenser. Exergy 

destruction in working fluid pump is negligible. 41.3% of the total exergy loss occurred 

in the evaporator followed by expander (26%), exergy rejection to cooling water (24%), 

Condenser (8%) and pump (0.7%). Table 3.12 indicates the exergy performance data for 

the cycle. Properties of R245fa and the heat transfer fluid (water) at all thermodynamic 

state points have also been tabulated in Table 3.13. The exergy efficiencies for the 

evaporator, expander, condenser and pump were 80.43%, 81.35%, 74.29% and 80.60%. 

The cycle exergy efficiency was found to be 52.77%.  



 

 

 

Figure 3.

Table 3.12: Results obtained from exergy analysis of ORC system

Component 

Evaporator 

Expander 

Condenser 

Pump 

Exergy rejection at condenser

Cycle 

 

 

Expander
0.285 kW

(26%)

Pump
0.0076 kW

0.7%

Exergy rejection to 
cooling water

0.2544 kW
(24%)
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.24: Exergy loss distribution in ORC components

Results obtained from exergy analysis of ORC system  

Exergy destruction 
(kW) 

Exergy efficiency
 (%) 

0.446 80.43 

0.285 81.35 

0.087 74.29 

0.0076 80.6 

condenser 0.2544 - 

1.08 52.77 

Condenser
0.087 kW

 

: Exergy loss distribution in ORC components 

Exergy efficiency 

 

 

 

 

Condenser
0.087 kW

(8%)

Evaporator
0.446 kW
(41.3%)
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Table 3.13: Properties of water and R245fa at each thermodynamic state  

State 
No 

Fluid Mass 
flow 
rate 
(kg/s) 

Temperature     
(ºC) 

Pressure 
(bar) 

Enthalpy 
(kJ/kg) 

Entropy 
(kJ/kg K) 

Exergy 
rate, E 
(kW) 

0 Water - 25 1 104.92 0.37 - 

0’ R245fa - 25 1 424.65 1.72 - 

1 R245fa 0.052 33.74 2.02 244.11 1.15 0.35 

2 R245fa 0.052 33.74 10 244.86 1.15 0.38 

3 R245fa 0.052 94.61 10 474.15 1.802 2.21 

4 R245fa 0.052 33.74 2.02 450.02 1.82 0.69 

5 Hot 

water 

0.288 100 1.2 423.29 1.32 10.07 

6 Hot 

water 

0.288 91.25 

 

1.2 382.21 1.21 7.79 

7 Cooling 

water 

0.248 27 1.1 113.23 0.395 0.013 

8 Cooling 

water 

0.248 37.23 1.1 156.04 0.535 0.26 

3.7 Effect of key thermodynamic parameters on cycle exergy efficiency and rate of 

exergy destruction 

Key thermodynamic parameters such as evaporator pressure, degree of superheat, 

condensation temperature, dead state temperature and pinch point temperature difference 

are investigated. Its effect on exergy destruction rates of ORC components, thermal & 

exergy efficiencies are analysed.  
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3.7.1 Effect of evaporation pressure 

 

 

Figure 3.25: Effect of evaporation pressure on thermal and exergy efficiency 

Condensation pressure was set to 3 bar and the evaporation pressure of R245fa was 

varied from 7 bar to 10 bar. The other input parameters which are used for this study are 

the same as listed in table 3.2. The thermal efficiency of the cycle increases by 35.71% 

and the cycle exergy efficiency by 21.86%.  The increase in thermal efficiency is due to 

higher enthalpy drop across the expander which results in better net work output. This is 

also accompanied by increase in pump work. However, pump power consumption is 

much lower than the expander work output which leads to an increase in the thermal 

efficiency.  The exergy efficiency of the cycle is the ratio of net work output to exergy 

input. With the increase in evaporation pressure, the net work output increases and the 

exergy input decreases. Therefore, the ratio of net work output to exergy input increases 

as depicted in Figure 3.25.  

Total irreversibility decreases from 2.06 to 0.99 kW as indicated in Figure 3.26, when 

evaporation pressure is increased from 7 to 10 bar.  Irreversibilities of expander, pump 

and evaporator decreases with increase in evaporation pressure. For a fixed temperature 
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of the heat source, at higher evaporation pressure, more heat is being utilized from the 

source. This reduces the exergy loss in the evaporator. 

 

Figure 3.26: Effect of evaporation pressure on component irreversibilities 

Higher net work output results in drop in exergy loss in the expander. Exergy loss in 

condenser increases upto evaporator pressure of 8.5 bar and then decreases. This is 

primarily due to decreasing mass flow rate of the working fluid. The enthalpy of the 

condenser cooling water is dependent on the mass flow rate of the ORC fluid due to 

energy balance. Therefore, such a variation is observed in the case of condenser. 

However, total exergy destruction reduces as evaporation pressure increases. 

3.7.2 Effect of superheating 

Condensation pressure was set to 3 bar, Evaporation pressure was fixed at 8 bar and the 

degree of superheat was varied from 4 to 20 ºC. The other input parameters used, are the 

same as listed in Table 3.2. Figure 3.27 indicates the effect of superheating on thermal 

and exergy efficiencies, at constant evaporation pressures and Figure 3.28 shows the 

effect of superheat on component irreversibilities. 
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Figure 3.27: Effect of degree of superheat on thermal and exergy efficiency 

Irreversibility rate in evaporator and expander reduces with increase in superheat value, 

whereas exergy loss increases slightly in case of condenser. Thermal and exergy 

efficiencies show a slight reduction with increase in degree of superheat. Mass flow rate 

of R245fa decreases with increase in degree of superheat due to higher energy input.  

Enthalpy drop across the expander increases. However, the rate of reduction in mass flow 

rate of R245fa is greater. Hence, a small reduction in both energy and exergy efficiencies 

is observed. The magnitude of change in efficiencies and exergy destruction rates are 

very low. Thermal efficiency & exergy efficiency decreases by 1.18 & 1.25% 

respectively. The rate of total exergy destruction increases by 0.51%. 

3.7.3 Effect of condenser pressure 

Figure 3.29 shows the variation of the thermal efficiency and exergy efficiency with 

condenser pressure.  Evaporation pressure was maintained constant at 10 bar. Condenser 

pressure was varied from 2 to 3 bar. Thermal efficiency decreases from 10.24 to 8.19% 

and exergy efficiency reduces from 53.02 to 42.26%. Increase in condenser pressure 

results in less work being extracted from the expander. Lower net work output leads to 

drop in thermal and exergy efficiency. 
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Figure 3.28: Effect of degree of superheat on component irreversibilities 

 

Figure 3.29: Effect of condenser pressure on thermal and exergy efficiency 
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Figure 3.30: Effect of condenser pressure on component irreversibilities 

It is seen from Figure 3.30 that exergy loss in evaporator, expander and pump decreases 

while that of condenser increases with increase in condenser pressure. The increase in 

enthalpy at state points 1, 2 and 4 causes the decrease in exergy destruction at evaporator 

and expander. From Equation (3.14), it can be inferred that, the exergy loss in condenser 

increases due to increase in difference in exergy rates at state 1 and 4.  Exergy destruction 

increases from 0.077 to 0.449 kW in condenser. Total irreversibility increases from 0.82 

to 0.99 kW when condenser pressure is increased from 2 to 3 bar, because the exergy loss 

in condenser is greater than the combined rate of exergy loss in evaporator, expander and 

pump.  

3.7.4 Effect of dead state temperature 

Condenser pressure was maintained at 3 bar and evaporation pressure was fixed at 10 bar. 

Exergy efficiency increases with increase in dead state temperature. As dead state 

temperature increases from 5 to 25 ºC, exergy efficiency increases from 41.4 to 53.02% 

as depicted in Figure 3.31. 

0

0.2

0.4

0.6

0.8

1

1.2

0

0.05

0.1

0.15

0.2

0.25

0.3

0.35

0.4

0.45

0.5

1.9 2.1 2.3 2.5 2.7 2.9 3.1

T
ot

al
 e

xe
rg

y 
de

st
ru

ct
io

n 
(k

W
)

E
xe

rg
y 

de
st

ru
ct

io
n 

(k
W

)

Condenser pressure (bar)

I_cond I_evp I_exp I_pump I_total



 

80 
 

 

Figure 3.31: Effect of dead state temperature on exergy efficiency 

  

 

Figure 3.32: Effect of dead state temperature on component irreversibilities 

Figure 3.32 shows the variation of component irreversibilities with dead state 

temperature. It is seen that the exergy losses in all components increases with increase in 

dead state temperature. But, exergy efficiency of the cycle increases. This is because, 
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total irreversibility of the system also takes into account the exergy transferred to 

condenser cooling water (Erej). Despite increase in total exergy destruction of the 

components with higher dead state temperatures, decrease in Erej leads to higher exergy 

efficiency of the cycle. 

3.7.5 Effect of evaporator pinch point temperature difference (PPTD) 

Figure 3.33 illustrates the variation of thermal and exergy efficiency of the cycle with 

evaporator pinch point temperature difference. Condenser pressure was maintained 

constant at 3 bar, Evaporation pressure was set to 8 bar and PPTD was varied from 5 to 

15 ºC. The analysis shows that with the increase in PPTD, the work output and exergy 

efficiency of the cycle decreases, while the enthalpy drop across the expander and the 

thermal efficiency remains constant.  

 

Figure 3.33: Effect of PPTD on thermal and exergy efficiency 

When PPTD increases, less heat is being extracted by R245fa in the evaporator region. 

To maintain constant evaporation pressure, the mass flow rate decreases by energy 

balance. This results in the reduction in net work output. However, PPTD has no 

influence on enthalpy drop across the expander and hence its thermal efficiency.  Exergy 

efficiency of the cycle decreases primarily because of the reduction in net work output.  
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Figure 3.34: Effect of PPTD on component Irreversibilities 

Although, exergy input decreases, the decrease in work output is much greater. 

Therefore, the ratio of net work output to exergy input decreased.  Exergy efficiency 

decreases by 7.63% when PPTD increases by 10 ºC.  Variation of irreversibilities in ORC 

components with PPTD is shown in Figure 3.34. Rate of exergy loss in evaporator, 

expander and pump showed a decline, whereas in condenser, exergy destruction rate 

increased upto PPTD of 7 ºC and then decreased. This is because; the effect of decrease 

in mass flow rate of the ORC fluid is predominant beyond PPTD of 7 ºC. The total rate of 

exergy loss decreases by 47.05%. 
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distribution of exergy losses within the ORC system and to study the impact of 

evaporator pressure, condensation pressure, dead state temperature, pinch point 

temperature difference and degree of superheat on the exergy losses and the system 

performance. Optimization of the ORC system was carried out using genetic algorithm 

(GA) for selection of working fluid based on maximum exergy efficiency.  
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CHAPTER 4  

PARAMETRIC STUDY OF PLATE HEAT EXCHANGER EVAPORATOR FOR 

ORGANIC RANKINE CYCLE SYSTEMS 

Evaporator is one of the critical components of the ORC system where the exchange of 

thermal energy occurs between the heat transfer fluid and the ORC working fluid.  

During the design of ORC systems, focus must be given to the design of the heat 

exchangers, since their cost represents an important share of the total investment of the 

plant. The types of heat exchangers that are normally preferred for organic Rankine 

cycles are shell-and-tube heat exchangers and plate heat exchangers.  

Shell and tube heat exchangers consists of a bundle of tubes mounted in a 

cylindrical shell. One fluid flows through the tubes whereas the other fluid flows across 

them, through the shell. These heat exchangers are generally preferred at high operating 

temperatures and pressures (250-1000 ºC and 100 MPa). The high-pressure fluid 

normally flows through the tubes, while the low-pressure fluid flows through the shell. 

Therefore, the working fluid will evaporate in the tubes while the heat transfer fluid will 

flow through the shell. A plate exchanger consists of a series of parallel plates that are 

placed one above the other so as to allow the formation of a series of channels for fluids 

to flow between them. The space between two adjacent plates forms the channel in which 

the fluid flows. Inlet and outlet holes at the corners of the plates allow hot and cold fluids 

through alternating channels in the exchanger so that a plate is always in contact on one 

side with the hot fluid and the other with the cold. Generally, these plates are corrugated 

in order to increase the turbulence, the thermal exchange surface and to provide 

mechanical rigidity to the exchanger. Corrugation is achieved by cold forging of sheet 

metals. Plate heat exchangers are preferred at lower operating temperatures and pressures 

(<150 ºC and 1-3 MPa).  

The advantages of plate heat exchangers over shell and tube heat exchangers are as 

follows (Shah 1981): 
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a) They can easily be dismantled into their individual components for cleaning, 

inspection, and maintenance. 

b) High turbulence and mixing due to plate corrugation patterns reduce fouling to about 

10 to 25% of that of a shell-and-tube heat exchanger and enhance heat transfer. 

c) Very high heat transfer coefficients are achieved due to swirl or vortex flow generation 

and small hydraulic diameter flow passages. 

d) Because of high heat transfer coefficients, reduced fouling and counter flow 

arrangements, the surface area required for a plate exchanger is one-half to one-third that 

of a shell-and tube exchanger for a given heat duty, thus reducing the cost, overall 

volume, and space requirement for the heat exchanger. 

4.1 Plate heat exchanger design 

The plate heat exchanger is divided into three zones i.e. preheating zone, 2 phase zone 

and superheating zone as shown in Figure 4.1. Under the considered operating 

conditions, each section is designed separately using Logarithmic Mean Temperature 

Difference (LMTD) method. 

 

Figure 4.1: Three zone plate heat exchanger evaporator model 

The main dimensions of the plate heat exchanger are shown in Figure 4.2. This evaporator 

model estimated the cost of a plate heat exchanger based on the total surface area of the 

evaporator, using heat transfer correlations presented by Han et al. (2003). In addition to 
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this, effect of key thermodynamic and geometric parameters on the evaporator area was 

analyzed using the same model. The following assumptions were made to simplify the 

analysis.  

a) The system is in steady state. 

b) R245fa is in saturated condition at the condenser outlet. 

c) Isentropic efficiency of pump and expander are constant at 70%. 

d) The fouling effects of the heat exchanger are negligible. 

 

Figure 4.2: Main dimensions of the plate heat exchanger (Konstantinos and Sotirios, 2017) 

The thermodynamic model of basic ORC system was integrated with the evaporator sub 

model. The thermodynamic model was executed on the same lines as in section 3.2 

(Appendix A1). Net work output of the system was calculated using this model. R245fa 

was used as the working fluid. The program was written in function format using 

Engineering Equation Solver (EES) (Appendix A2). The design process is iterative and 

the iterations were carried out until pressure drop on the cold side of the heat exchanger 

converged. The evaporator was redesigned for each iteration and its cost was evaluated 

based on the surface area of the heat exchanger. The inputs to the model are listed in 
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Table 4.1. The governing equations used in the model are explained in section 4.2. 

Table 4.1: Inputs to the model 

Sl No Symbol Parameter Value Unit 

1 Dh Hydraulic diameter 0.0035 m 

2 β Chevron angle 45 degree 

3 Pco Corrugation pitch 0.007 m 

4 kpl Thermal conductivity of the plate 13.5 W/m °C 

5 n Number of segments in evaporation 

zone 

20 - 

6 tpl Thickness of the plate 0.0005 m 

7 ƞpp Isentropic efficiency of pump 70 % 

8 ƞt Isentropic efficiency of expander 70 % 

9 M2 Mass flow rate 0.7 kg/s 

4.2 Evaporator sub-model 

In case of single phase heat transfer, the heat transfer coefficient is determined using 

Hsieh and Lin correlation (Hsieh and Lin 2002). This correlation was proposed based on 

experimental data obtained for R-410a and it showed that the proposed empirical 

correlation could be used to determine non-boiling heat transfer coefficient for all 

working fluids. In two-phase heat transfer, the correlation is proposed by Han et al. (2003). 

This was developed based on experimental results with R-22 and R-410a. The comparison 

between experimental results and correlations for Nusselt number and friction factor showed 

that, regardless of the type and configuration of Brazed plate heat exchanger and refrigerants, 

the experimental data were within ± 25% for the proposed Nusselt number correlation and ± 

15% for proposed friction factor correlation.  

4.2.1 Single phase 

The heat transfer in the single phase section is calculated as, 
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  sp sp sp spQ U A LMTD                                                                                     (4.1) 

Log mean temperature difference for single phase heat transfer is given by, 

 

max min
sp
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T T
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T
ln

T

  

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                                                                                 (4.2) 

The overall heat transfer coefficient of single phase is given by (Imran et al. 2014). 

pl

sp ws pl r,sp

t1 1 1

U k
  
 

                                                                                      (4.3) 

The convective heat transfer coefficient for R245fa in plate heat exchanger is calculated 

as (Imran et al. 2015), 

0.14

0.78 0.33f m
r,sp

h wall

k
0.2092 Re Pr

D

   
           

                                                    (4.4) 

4.2.2 Two phase 

In this region, the correlations used in single phase, based on constant fluid properties 

cannot be used. The fluid properties tend to vary as the quality of the fluid changes. 

Therefore, a modified LMTD method is employed. 

The evaporation region is discretised into ‘n’ smaller sections so that there are 

incremental changes in fluid properties at each section. Therefore, constant fluid 

properties are assumed in each section. In this analysis, the value of ‘n’ was restricted to 

20 as the processing time of the model increased when the value of ‘n’ was increased and 

negligible change in evaporator area was observed. 

The heat transfer rate for ith section is evaluated as 

i i i iQ U A LMTD                                                                          (4.5) 

Log mean temperature difference is calculated as,                                             
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                                                                                           (4.6) 

The two-phase overall heat transfer coefficient is given by (Imran et al. 2014), 

pl

tp,i ws,i pl r,sp,i

t1 1 1

U k
  
 

                            (4.7) 

 

The Nusselt number correlation for R245fa evaporation in plate heat exchanger is 

calculated as (Han et al. 2003), 

  2Ge 0.3 0.4
tp 1 eq eqNu Ge Re Bo Pr                     (4.8) 

where, 
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The equivalent Reynolds number and boiling number are given by, 
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where, ''q  is the heat flux at the wall, ‘hfg’ is the enthalpy of vaporization, ‘Dh’ is the 

hydraulic diameter of the flow channel and ‘μf’ is the dynamic viscosity of the fluid at the 

wall. ‘Geeq’ is an equivalent mass flux which is calculated as, 

 

 
0.5

f
eq

g

Ge G 1 x x
            

                         (4.13) 

 

 where, the subscript ‘f’ represents the saturated liquid and the subscript ‘g’ represents the 

saturated vapour phase and ‘G’ denotes the mass velocity. 
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                                         (4.14) 

 

where, ‘w’ is the plate width and ‘b’ is the plate spacing (Jiangfeng et al., 2013). 

 

Frictional pressure drop on either side of the heat exchanger is calculated as (Imran et al. 

2014),   

2

h

4 f L G
P

2 D

  
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                                                                       (4.15) 

 

Single phase frictional pressure drop factor is given by (Imran et al. 2015), 

 

0.217

0.572
f

Re
             (4.16) 

 

Two phase frictional factor is expressed as (Han et al. 2003),  
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4Ge
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Cost of the evaporator is linearly related to evaporator heat transfer area which is 

evaluated as (Imran et al. 2015), 

Cost(USD) 310 (160 A)                                           (4.20) 

where, ‘A’ is the heat transfer area in m2.                                                                                   

4.3 Effect of thermodynamic parameters on evaporator area and cost 

4.3.1 Evaporator pressure 

Table 4.2: Effect of evaporator pressure 

Sl No Symbol Parameter Value  Unit 

1 Thf,in Temperature of heat source 100 °C 

2 Twf,in Condensation temperature 40 °C 

3 PPTD Pinch point temperature 

difference 

5 °C 

4 DTsup Degree of superheat 5 °C 

 

The operational parameters are listed in Table 4.2. The heat source temperature and the 

condensation temperature were set to 100 and 40 ºC respectively. Evaporator pinch point 
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temperature and degree of superheat were kept constant at 5 ºC.  Figure 4.3 shows the 

effect of expander inlet pressure on the net work output when R245fa is used as the 

working fluid.  It can be observed that the work output increases initially and then 

declines. Hence, for a given working fluid, there exists an optimum expander inlet 

pressure at which, work output is maximum. Mass flow rate of the working fluid 

decreases with increase in expander inlet pressure. The initial increase in the work output 

is due to the higher enthalpy difference across the expander. But, when the pressure is 

increased beyond 6 bar, the effect of reduced mass flow rate outweighs the increase in 

enthalpy difference across the expander. This results in the reduction of net work output 

at higher expander inlet pressures. Figure 4.4 shows the effect of evaporator pressure on 

evaporator area and cost.  The surface area decreases with increase in evaporator 

pressure. Evaporation temperature increases as a result of increasing evaporator pressure. 

As the pinch point temperature difference (PPTD) remains constant, the exit temperature 

of the heat transfer fluid increases correspondingly. As a consequence of this, heat 

transfer rate decreases in the evaporator. Hence, reduction in surface area of the 

evaporator is observed with increase in evaporator pressure. Since, evaporator area 

decreases with increase in evaporator pressure, the cost also decreases. As the evaporator 

pressure increases from 4 to 10 bar, there is a reduction of 75.87% in evaporator surface 

area and decrease of 63.59% in its cost. However, in practical applications, the 

evaporator surface area cannot be varied. Therefore, this theoretical study only helps the 

designer to identify the operating condition of ORC where evaporator area (and hence, 

the cost) is minimum. The maximum net work output of 5 kW was obtained at 6 bar 

whereas, minimum evaporator area of 2.42 m2 was achieved at evaporator pressure of 10 

bar.  
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Figure 4.3: Effect of evaporator pressure on net work output 

 

Figure 4.4: Effect of evaporator pressure on evaporator area and cost 
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4.3.2 Pinch point temperature difference 

Table 4.3: Effect of pinch point temperature difference 

Sl No Symbol Parameter Value  Unit 

1 Thf,in Temperature  

of heat source 

100 °C 

2 Twf,in Condensation 

temperature 

40 °C 

3 P Evaporation pressure 8 bar 

4 DTsup Degree  

of superheat 

5 °C 

The operational parameters are tabulated in Table 4.3. The heat source temperature and 

the condensation temperature were set to 100 and 40 ºC respectively. Evaporator pressure 

was fixed at 8 bar. Degree of superheat was maintained constant at 5 ºC. The pinch point 

temperature difference was varied from 2 to 14 ºC. When pinch point temperature is 

increased while maintaining all other parameters constant, hot fluid exit temperature, 

Thf,3, increases. However, since, expander inlet and exit conditions remain constant, by 

energy balance, mass flow rate of the working fluid decreases. Net work output of the 

system decreases because of the reduction in the mass flow rate as seen in Figure 4.5. 

Figure 4.6 shows the effect of PPTD on evaporator area and its cost.  In addition to the 

reduction in mass flow rate, log mean temperature difference also increases. As a result 

of this, heat exchanger area decreases with increase in PPTD. The cost of the evaporator 

decreases because of the reduction in surface area of the evaporator. Heat exchanger area 

decreases by 89.65% and evaporator cost is reduced by 74.86% when PPTD is increased 

from 2 to 14 ºC.  
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Figure 4.5: Effect of pinch point temperature difference on net work output 

 

 

Figure 4.6: Effect of pinch point temperature difference on evaporator area and cost 
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4.3.3 Expander inlet temperature 

Table 4.4: Effect of expander inlet temperature 

Sl No Symbol Parameter Value  Unit 

1 Thf,in Temperature of  

heat source 

100 °C 

2 Twf,in Condensation 

temperature 

40 °C 

3 P Evaporation pressure 6.96 bar 

4 PPTD Pinch point  

temperature difference 

5 °C 

The operational parameters are tabulated in Table 4.4. The heat source temperature and 

the condensation temperature were set to 100 and 40 ºC respectively. Pinch point 

temperature difference was set to 5 ºC. Evaporator pressure was kept constant at 6.96 bar 

(corresponding to saturation temperature of 75 ºC). Degree of superheat was then 

increased up to 20 ºC. Figure 4.7 indicates the reduction in net power output. This is 

because; the marginal gain in enthalpy drop across the expander is lesser than the rate of 

decrease of mass flow rate. Figure 4.8 shows the variation of evaporator surface area and 

its cost with respect to expander inlet temperature. With increase in expander inlet 

temperature, the area reduces initially till the value reaches 6.59 m2 at expander inlet 

temperature of 83 ºC, and then increases again. Due to the constraint of PPTD, the mass 

flow rate decreases by energy balance. Hence, there is a significant reduction in heat 

transfer rate in the evaporation section. This effect is predominant at lower expander inlet 

temperatures. As the inlet temperature is increased further, the log mean temperature 

difference in the superheat zone also decreases. This results in the increase in area of the 

superheated zone. This phenomenon explains the increase in evaporator area at higher 

expander inlet temperatures. The evaporator cost also exhibits the same trend as that of 

evaporator area. It can be seen that, for dry fluids such as R245fa, increasing expander 
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inlet temperature by more than 7 ºC, will not yield any positive results as surface area 

requirement of the evaporator and cost increases. 

 

Figure 4.7: Effect of expander inlet temperature on net work output 

 

 

Figure 4.8: Effect of expander inlet temperature on evaporator area and cost 
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4.4 Effect of geometrical parameters on pressure drop and evaporator cost 

Plate spacing was kept constant at 0.003 m and the width of the plate was varied from 

0.005 to 0.009 m. Hydraulic diameter was calculated based on Equation (4.14). 

Figure 4.9 shows the effect of plate width on the cost of the evaporator and 

frictional pressure drop. As the width of the plate increases, the area increases slightly. 

This results in the marginal increase in the evaporator cost. Increase in plate width also 

causes Reynolds number to increase. The frictional pressure drop is related to Reynolds 

number as shown in Equation (4.16). Therefore, total pressure drop in the plate heat 

exchanger reduces. In this study, the trade-off point for plate width was at 0.0065 m, 

where the evaporator cost was found to be 1166 USD (Rs 87,450) and frictional pressure 

drop was 2.03 kPa. 

 

 

Figure 4.9: Effect of plate width on evaporator cost and frictional pressure drop 

The variation of evaporator cost and frictional pressure drop with plate spacing is 

presented in Figure 4.10. In this case, plate width was fixed at 0.5 m and plate spacing 

was varied from 0.002 to 0.005 m.  
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Figure 4.10: Effect of plate spacing on evaporator cost and frictional pressure drop 
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4.5 Chapter closure 
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CHAPTER 5  

PARAMETRIC INVESTIGATION OF OPEN-DRIVE SCROLL EXPANDER 

FOR ORGANIC RANKINE CYCLE SYSTEMS 

The most important component in ORC is the expansion device which converts the 

available thermal energy into mechanical work. The choice of expander depends mainly 

on the operating conditions and the capacity of the system. They are broadly classified 

into dynamic and volumetric expanders. Volumetric (or positive displacement) expanders 

are more suitable for small scale power generation (Lemort et al. 2009). Moreover, these 

expanders can tolerate wet expansion. Among the positive displacement expanders, scroll 

expanders are a good choice for ORC systems because of lesser number of moving parts, 

lower rotational speeds compared to other expanders, high reliability and robustness and 

low noise and vibration (Ma et al. 2017). Scroll expanders of small capacities are not 

readily available in open market. Therefore, scroll compressors, which are extensively 

used in refrigeration and air conditioning industry, are modified to work as an expander. 

In this study, parametric investigation of scroll expander is carried out using a validated 

semi-empirical model to study the effect of expansion ratio, rotational speed of the shaft 

and inlet temperature on mass flow rate, work output and efficiency of the scroll 

expander. The semi-empirical model helps in giving a better insight into the performance 

of the scroll expander in off-design conditions. 

5.1 Semi-empirical model description 

A 5 kWe scroll expander used in experimental study was used for this analysis (Ziviani et 

al. 2018). The expander built-in volume ratio was 3.5 and it had a displacement volume 

of 73.6 cm3 per revolution. Due to design constraints, the operating conditions of 

expander were limited to  

a) Maximum inlet pressure: 13.8 bar 

b) Maximum temperature: 175 °C 



 

101 
 

c) Rotational speed: 500 – 3600 rpm 

In this study, a semi-empirical model developed by Lemort et al. (2009) has been used. 

Some researchers developed deterministic models which predict the behaviour of the 

machine based on their geometry and configuration (Garg et al. 2016; Ma et al. 2017; 

Oralli et al. 2011). But the geometric models has to be combined with other sub-models 

such as valve model, internal leakage model, motion equation, heat transfer equation etc. 

to complete the scroll expander modelling. Hence, it becomes more complicated and 

cannot be integrated into cycle models. Therefore, empirical and semi-empirical models 

are preferred.  

Unlike deterministic models, semi-empirical simulation model does not need exact 

knowledge of the geometry of the machine. The proposed model involves only a limited 

number of parameters. The parameters are then identified using experimental data 

(Ziviani et al. 2018). 

The input variables of the model are the supply pressure, the supply temperature, 

the exhaust pressure and the rotational speed of the expander. The model calculates the 

mass flow rate displaced by the expander, the delivered mechanical power and the 

exhaust temperature. The parameters of the model are identified by minimizing a global 

error function accounting for the errors on the prediction of the mass flow rate, shaft 

power and exhaust temperature which are the main output variables of the model. 
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The semi empirical model describes the expansion process within the scroll expander 

which also consists of related equations. The entire expansion process is divided into 7 

stages as shown in the Figure 5.1. The processes are as follows: 

a) Adiabatic supply pressure drop (su to su,1) 

b) Constant pressure supply cooling down (su,1 to su,2) 

c) Internal leakage (su,2 to ex,2) 

d) Adiabatic and reversible expansion to the adapted pressure which is forced upon 

by the built-in volume ratio of the machine (su,2 to ad) 

e) Adiabatic expansion at constant volume (ad to ex,2) 

f) Adiabatic fluid mixing between supply and leakage flows (ex,2 to ex,1) 

g) Constant pressure heating up or cooling down (ex,1 to ex) 

 

Figure 5.1: Conceptual diagram of scroll expander model 

a) Adiabatic supply pressure drop (su to su,1)  

This process accounts for the pressure losses occurring between the inlet of the expander 

and the suction chamber. The pressure drop occurs mainly due to two reasons. The 
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primary reason is that, during the suction process, the expander suction port is blocked by 

the tip of the orbiting scroll which reduces the effective suction port area. In addition to 

this, the flow passage is progressively reduced between the chamber and along the length 

of the scroll.  

 This process is modelled as isentropic flow through a converging nozzle whose 

cross sectional area is Asu. Asu  represents the average inlet port effective area during the 

suction process. Mass flow rate of the fluid entering the expander can be expressed as  

 su,1 su su su,1m A 2 h h                                                                                          (5.2) 

b) Isobaric supply cooling down (su,1 to su,2) 

Supply heat transfer is simulated using a fictitious envelope with uniform temperature 

Tw. This envelope represents the outer shell of the expander and the scrolls. Heat transfer 

occurs between the supply chamber and this envelope. This can be modelled as, 

  su su,1 su,2Q m h h                                                                                                      (5.3) 

  
su

p

AU

mC

su p su,1 wQ 1 e m C T T
 

      
  

                                                                           (5.4) 

The relationship between supply heat transfer coefficient, AUsu and mass flow rate is 

defined by, 

0.8

su su,nom
nom

m
AU AU

m

 
  

 




                                                                                          (5.5)                     

Where, AUsu,nom is the nominal supply heat transfer coefficient corresponding to the 

nominal mass flow rate.  

The supply heat transfer coefficient, AUsu is supposed to vary with the mass flow rate and 

takes into account only the convective heat transfer coefficient of the working fluid as the 

conductive thermal resistance of the scroll wraps is negligible due to the high metal 
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thermal conductivity and small thicknesses. Equation 5.5 is derived from Dittus-Boelter 

correlation valid for turbulent flow in pipes and it is further simplified using Reynolds 

analogy for a fully-developed turbulent flow. 

c) Internal leakage (su,2 to ex,2)  

Internal leakage is an irreversible loss which occurs along two paths in a scroll machine. 

The first leakage path occurs in the axial clearance between the scrolls and the bottom. 

This results in radial leakage. The second path is the clearance between the fixed and the 

orbiting scroll, which leads to tangential leakage. This internal leakage is modeled similar 

to the supply pressure drop. It is modeled as a lumped nozzle whose cross sectional area 

is Aleak. Critical pressure of the lumped nozzle is defined as (Yang et al. 2018), 

1

cr su,2

2
P P

1




 
         
 

                                                                                                  (5.6) 

 thr ex,2 crP Max P , P                                                                                                       (5.7) 

The critical pressure is evaluated by considering the working fluid as a perfect gas. γ 

indicates the ratio of specific heats Cp and Cv .  

The mass flow rate entering the expander can be divided into two parts. The first 

facilitates the rotation of the shaft at a particular speed, ‘N’.  The second part is the 

leakage mass flow rate. 

Total mass flow rate is given by (Giuffrida 2014), 

 s
su,2 leak

v,in

N v
m m

r

 
     

 
                                                                                              (5.8) 

where, vs is the swept volume and rv,in is built-in volume ratio of the expander 

Leakage mass flow rate is calculated as, 
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 leak leak leak su,2 leakm A 2 h h                                                                                 (5.9) 

d) Adiabatic and reversible expansion to the adapted pressure (su,2 to ad) 

After the initial cooling down, the working fluid undergoes isentropic expansion. The 

pressure is reduced from Psu,2 to Pad. This adapted pressure is decided by the built-in 

volume ratio, rv,in of the expander. This is a geometric parameter of the scroll expander 

which is designed and fixed by the manufacturers.  

 ad v,in su ,2v r v                                                                                                              (5.10) 

e) Adiabatic expansion at constant volume (ad to ex,2) 

 Most of the scroll expanders that are used in organic Rankine cycle systems are modified 

from a commercially available scroll compressor. The operating pressure of ORC system 

does not necessarily match with that of the built-in volume ratio of the expander. This 

leads to under or over expansion losses. Under expansion occurs when the adapted 

pressure, Pad exceeds the exhaust pressure, Pex,2. Model assumes there is no pressure drop 

through the discharge port. Hence, in order to equalize the pressures in the exhaust 

chamber and the discharge line, the model assumes that, some fluid flows out of or into 

the expander chamber (under/over expansion) instantaneously after the chamber opens to 

the outlet line.  

f) Adiabatic fluid mixing between supply and leakage flows (ex,2 to ex,1) 

The mass flow rate responsible for shaft rotation and leakage mass flow rate mix 

together. This results in the increase in the specific enthalpy of the working fluid (hex,1 > 

hex,2).  

g)  Constant pressure heating up or cooling down (ex,1 to ex) 

Isobaric exhaust heat transfer is modeled similar to isobaric supply cooling down. Heat is 

exchanged between the fluid leaving the expander and the metal envelope.  

Internal expansion work can be calculated as (Giuffrida 2018), 
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   int int su,2 ad ad ad ex,2W m h h v P P      
                                                                   (5.11) 

Net power output or shaft power is the difference between the internal expansion work 

and the mechanical losses associated with the expander. In this case, all mechanical 

losses are lumped into a constant parameter called loss torque. This is expressed as, 

sh int lossW W W                                                                                                             (5.12) 

loss
loss

2 N
W

60

 
                                                                                                   (5.13) 

Expander isentropic effectiveness or expander efficiency is defined as the ratio of net 

output power to isentropic expansion power (Lemort et al. 2009).  

 
sh

is
su is

W

m h h
 

 




                                                                                                       (5.14) 

Thermal losses towards the ambient are evaluated as,  

 amb amb w ambQ AU T T                                      (5.15) 

where, AUamb is the global heat transfer coefficient between the envelope and the 

ambient. 

The metal wall temperature is calculated by applying the global heat balance equation 

which is given by, 

loss ex su ambW Q Q Q 0                                                                                                (5.16) 

The inputs to the semi empirical scroll expander are listed in Table 5.1  The parameters 

of the model were identified by minimizing a global error function accounting for the 

errors on the prediction of the mass flow rate, shaft power and exhaust temperature 

(Ziviani et al. 2018).  
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Table 5.1: Inputs to the semi empirical model  

Parameter Value Unit 

ṁ୬୭୫ 0.1384 kg/s 

AUsu,nom 28.39 W/°C 

AUex,nom 11.71 W/°C 

AUamb 6.17 W/°C 

Vs 8.1 × 10-5 m3 

rv,in 3.31 - 

Asu 4.01 × 10-5 m2 

Aleak 7.43 × 10-6 m2 

τ୪୭ୱୱ 2.97 Nm 

5.2 Parametric analysis 

Using the semi empirical model, this study is performed to examine a specific parameter 

by varying it, while keeping the other parameters constant. The monitored parameters are 

the expansion ratio, the rotational speed of the shaft and the inlet temperature of the 

expander. The outputs to be assessed are mainly the mass flow rate, work output and 

efficiency of the expander.  

5.2.1 Effect of expansion ratio 

Two inlet pressures of 10 bar and 14 bar are considered. Inlet temperature is fixed at 110 

ºC. Expansion ratio is varied by varying the condensation pressure from 3 to 1.2 bar. The 

shaft power and expander efficiency are evaluated for different expansion ratios. The 

simulation is carried out for rotational speeds of 1500 and 2000 rpm.   



 

 

Figure 5.2: Effect of expansion ratio on
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Effect of expansion ratio on mass flow rate of the working fluid

It is seen from Figure 5.3 that the shaft power increases with decreasing 

condensation pressure or increasing expansion ratio. However, the power curve is shifted 

downwards at lower shaft speeds at same inlet pressures. This is due to the decrease in 

the working fluid as shown in Figure 5.2. In addition to this, the two 

cases with inlet pressure at 10 bar has lower mass flow rate compared to the two cases 

with 14 bar inlet pressure. This is because, at higher pressure, the fluid density is also 

high. When the inlet pressure is lowered to 10 bar, the power curve shifts downwards and 

towards the left, with respect to the cases with increased expansion ratios. Extraction of 

work from the expander also increases at higher expansion ratios which lead

5 7 9 11

Expansion ratio
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towards the left, with respect to the cases with increased expansion ratios. Extraction of 

ratios which lead to higher 
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Figure 5.3: Effect of expansion ratio on shaft power 

Figure 5.4 shows the variation of expander efficiency with expansion ratio.  Expansion 

process is divided into two parts. The initial part is the isentropic expansion till the 

adapted pressure and the second part is the constant volume expansion. In the first part, 

the pressure of the working fluid is reduced from Psu,2, to adapted pressure Pad imposed 

by the built-in volume ratio of the expander. The built-in volume ratio is an intrinsic 

geometric parameter of the scroll expander. Under-expansion occurs when the internal 

pressure ratio imposed by the expander (Psu,2/Pad) is lower than the system pressure ratio 

(Psu,2/Pex,2). 
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Figure 5.4: Effect of expansion ratio on expander efficiency 

In cases when the inlet pressure is fixed at 14 bar and the expansion ratio is varied from 

4.67 to 11.67, all condensation pressures (3 to 1.2 bar) leads to the condition of under 

expansion. The expander efficiency drops when under expansion takes place. The 

efficiency decreases by 12.92% for shaft speed of 2000 rpm and 14.53% for shaft speed 

of 1500 rpm. At inlet pressure of 10 bar, a peak is observed in efficiency curve for 

expansion ratio of 4.55 and 5 at shaft speeds of 1500 & 2000 rpm respectively. This is 

due to the fact that the condensation pressures passes through the adapted condition of the 

expander, where the efficiency is maximum. 

5.2.2 Effect of shaft speed 

Four different combinations (inlet pressure at 10 bar and condensation pressure of 3 bar; 

inlet pressure at 10 bar and condensation pressure of 1.2 bar; inlet pressure at 14 bar and 

condensation pressure of 3 bar; inlet pressure at 14 bar and condensation pressure of 1.2 

bar) are used to study the effect of shaft speed on mass flow rate, work output and 

expander efficiency. Inlet temperature is fixed at 110 ºC. The shaft speed is varied from 

800 to 2600 rpm.  
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Figure 5.5: Effect of shaft speed on mass flow rate of the working fluid 

Figure 5.5 shows the variation of mass flow rate of the fluid with shaft speed. The 

variation is almost linear with respect to shaft speed. Theoretically higher expansion ratio 

should lead to increase in leakage mass flow rate. However, the vapor is already in 

choked condition in the case of lowest expansion ratio (inlet pressure of 10 bar and 

condensation pressure of 3 bar). Therefore, the curves are superimposed. It is observed 

that the shaft power increases with increase in shaft speed as shown in Figure 5.6. 

However, the increase in mass flow rate due to increasing shaft speed is not enough to 

counter the losses occurring within the expander. Mechanical losses occur mainly within 

the scroll expander due to friction between the fixed and orbiting scroll.  However, in this 

study, all losses are lumped into one mechanical loss torque, τ୪୭ୱୱ. The effect of 

increasing shaft speed beyond a certain point can be seen in Figure 5.7, when the 

expander efficiency witnesses a marginal drop. The trend is similar for all curves. But, 

the expander efficiency curve for inlet pressure of 10 bar and condensation pressure of 3 

bar shows that the curve peaks (54.9%) at shaft speed of 1600 rpm. In other cases, the 

peak has shifted towards the extreme right (2400-2600 rpm).  Power output is reduced 

due to increase in the losses. Therefore, the expander efficiency decreases.  
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Figure 5.6: Effect of shaft speed on shaft power 

 

 

Figure 5.7: Effect of shaft speed on expander efficiency 
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5.2.3 Effect of inlet temperature 

In this case, the fixed parameters are the expander inlet pressures of 10 and 14 bar, 

condensation pressure of 1.2 bar and shaft speeds of 1500 and 2000 rpm. The inlet 

temperature is varied from 90 to 120 ºC at 10 bar and 105 to 135 ºC at 14 bar. 

 

Figure 5.8: Effect of inlet temperature on mass flow rate 

Figure 5.8 shows the trend of mass flow rate when inlet temperature (degree of 

superheat) is increased. It is seen that the mass flow rate of the working fluid decreases 

slightly, as the density of the fluid decreases. The mass flow rate is high in the case where 

inlet pressure is at 14 bar and shaft speed is at 2000 rpm. From Figure 5.9, it can be 

observed that the shaft power remains nearly constant when inlet temperature is 

increased. Therefore, it can be inferred that, the enthalpy gain across the expander is 

nullified due to the decrease in the mass flow rate. Superheating does not benefit in 

increasing the power output from the expander.  
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Figure 5.9: Effect of inlet temperature on shaft power 

 

Figure 5.10: Effect of inlet temperature on expander efficiency 
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Figure 5.11: Effect of inlet temperature on heat loss to ambient 

However, degree of superheat of the fluid determines the quantum of heat exchange with 

the wall in the isobaric cooling process, modelled at the inlet. This thermal energy which 

is exchanged is an important component similar to the power loss. This will decide how 

much heat is vented out to the environment. Increasing inlet temperature leads to 

increases in the wall temperature. This results in thermal energy dissipation. Thermal 

energy dissipation increases with inlet temperature for all curves as shown in Figure 5.11. 

This also leads to the deterioration in efficiency of the expander as shown in Figure 5.10. 

The curves with higher shaft speeds dissipate more heat. Higher shaft speed increases the 

wall temperature, as high shaft speeds leads to more frictional power loss. 

5.3 Chapter closure 

This chapter focuses on the parametric investigation of open-drive scroll expander used 

for micro organic Rankine cycle. A 5 kWe expander was used and its built-in volume 

ratio was 3.5. R245fa was used as the working fluid. Effect of key parameters such as 

expansion ratio, shaft speed and expander inlet temperature on power output and 

expander efficiency was evaluated for four different cases.  
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CHAPTER 6  

COST ANALYSIS AND EXERGO-ECONOMIC OPTIMIZATION OF SOLAR 

DRIVEN ORGANIC RANKINE CYCLE SYSTEM 

6.1 Economic analysis of solar ORC system 

Table 6.1 shows the cost estimation of major parts of solar driven organic Rankine cycle 

system. Schematic setup of ORC system driven by evacuated tube collectors is depicted 

in Figure 6.1. The total cost of the solar ORC system of 1 kWe is estimated to be Rs 

7,42,500. This type of system can be used in India widely as an off grid power generation 

system. Heat source (Solar flat plate collector) and scroll expander forms the major 

portion of the cost. Cost of solar collector system is around 27% of the total cost. 

Presently, commercial expanders of 1 kWe capacity are not available in India. For 

research work, scroll expanders are used by modifying the available scroll compressors 

which is not very efficient. In this analysis, imported scroll expander (Air squared; 

Model: E15H022-SH) is considered and its cost constitutes around 55.5% of the total 

cost.  

Table 6.1: Cost of major components of the solar ORC plant in India as per price 
quotations 

Parameter ICC (Rs) 

Solar field (Evacuated tube collector cost  
calculated as Rs 10,000/m2 for collector area of 20 m2) 

2,00,000 

Expander (Air-squared 1 kWe semi  
hermetic scroll expander) 4,12,500 

Pump 30,000 

Heat exchangers (Plate type) 1,00,000 

Total cost (Rs) 7,42,500 
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*Cost of air squared 1 kW scroll expander is 5500 USD which is approximately Rs 

4,12,500 (calculated as 1 USD = Rs 75)  

 

Figure 6.1: Schematic diagram of solar driven ORC system 

Table 6.2: Cost of 1 kWp solar PV system (Ahsan et al. 2016) 

Particulars Investment (Rs) 

PV Modules 50000 

Batteries 25000 

Inverter 10000 
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Total Cost (Rs) 85000 

Table 6.2 shows the cost of 1 kWe off-grid solar photovoltaic system. Total cost 

of the system is estimated to be around Rs 85,000 which is very competitive. Increasing 

the manufacturing of ORC systems will help reduce the cost of the system due to 

economies of scale. This will also help reduce import dependency. Various options have 

to be applied to finance off-grid solar ORC system in rural areas. Some of the options 

currently available are private financing, financing through power utilities, government 

financing and public private partnership. Since, the capital cost of solar ORC is 

significantly higher than other renewable energy technologies; Government of India 

needs to provide subsidies to promote solar ORC systems in India. The Government has 

to support the ORC developers and investors by ensuring financial viability to them and 

help them to develop a market. Financial assistance should be provided to them in the 

form of start up and working capital loans. At the same time, they need to ensure rural 

customers get ORC systems at affordable cost. Presently, for solar PV systems in India, 

there is an upper limit on the amount of subsidy provided per installed kW capacity. 30% 

capital subsidy is provided to residential consumers (upto 10 kW capacity). Similar 

approach can be adopted in case of solar ORC systems also. Therefore, by promoting 

domestic manufacturing of solar ORC systems, mainly expanders, and providing subsidy 

grants to consumers, off-grid solar ORC systems can be adopted on a large scale in rural 

India.  

6.1.1 Exergoeconomic optimization of 1 kWe ORC system 

The exergo-economics is a powerful tool to study and optimize an energy system. The 

exergoeconomic analysis method combines exergy analysis with economic analysis. It is 

a method to evaluate the cost of inefficiencies or the costs of individual process streams, 

including intermediate and final products. 

In exergoeconomic analysis, a specific cost is put on the exergy streams in an 

exergy balance on a component. After the cost is associated with the exergy streams, 
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capital and running costs are taken into account. Exergy cost for the streams in any cost 

rate balance is given as, 

C c Ex                                                                                                                          (6.1) 

where, c is in Rs/kWh and Ex  is given in kW. The capital and running costs for the 

components is given as Z  with units as Rs/h. 

Typical cost rate balance for a component is given below: 

in e,in out e,outC W c Z C W c                                                                               (6.2) 

For this system a costing analysis is done to estimate the initial capital costs (ICC) and 

the operating and maintenance costs (OM). An amortization factor is used to amortize the 

cost of the sum of ICC and OM over 20 years at 5% interest rate. This is given in the 

equation below (Nafey et al., 2010). 

n

f n 1

i(i 1)
A

(1 i) 





                                                                                                (6.3) 

Total costs for each of the components in the system are needed in Rs/h in order to use 

them in cost rate balance equations. The initial capital cost and the operating and 

maintenance costs are added and amortized. The total costs are then divided by the 

number of hours in a year to get a cost in Rs/h. Operating and maintenance costs are 

assumed to be a percentage of the initial capital costs. The general equations are as 

follows, 

x f x xTCC A (ICC OM )                                                                                             (6.4) 

where OMx is given below: 

x xOM ICC OM%                                                                                                       (6.5) 

 

Here OM% is the percentage of operating and maintenance costs associated with initial 

capital cost. 
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x
x

x

TCC
Z

t
                                                                                                                     (6.6) 

Costing values and equations of major components of the solar ORC plant are as follows: 

a) Solar field 

Operating & maintenance costs are calculated as, 

col col(OM) 15% ICC                                                                                                (6.7) 

Total capital costs are then evaluated as, 

col f colTCC A (ICC OM)                                                                                        (6.8) 

col
col

(TCC )
Z

8760
                                                                                                            (6.9) 

b) Expander 

exp exp(OM) 25% ICC                                                                                             (6.10) 

exp f expTCC A (ICC OM)                                                                                     (6.11) 

exp
exp

(TCC)
Z

8760
                                                                                                        (6.12) 

c) Condenser 

cond cond(OM) 25% ICC                                                                                          (6.13) 

cond f cond(TCC) A (ICC OM)                                                                                (6.14) 

cond
cond

(TCC)
Z

8760
                                                                                                      (6.15) 

d) Pump 

pump pump(OM) 25% ICC                                                                                         (6.16) 

pump f pumpTCC A (ICC OM)                                                                                 (6.17) 
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pump
pump

(TCC)
Z

8760
                                                                                                        (6.18) 

Exergo-economic optimization of 1 kWe  solar driven ORC system is performed to 

determine the minimum cost rate of electricity. Genetic algorithm tool is used to perform 

the optimization.  

 The percentages for operating and maintenance costs are taken from Nafey and 

Sharaf (2010). The initial capital costs (ICC) are calculated and tabulated in Table 14. 

The cost rate balances for each of the components are done to complete the 

exergoeconomic analysis.  

Solar flat plate collector 

Input fuel cost Cf is considered as zero for solar flat plate collector. Therefore, Cf  =  0.0.  

in f 2 2 col 3 3(Ex C ) (Ex C ) Z (Ex C )                                                                          (6.19) 

Expander 

4 3C C 0.5                                                                                                                  (6.20) 

3 3 exp e e 4 4(Ex C ) Z (W C ) (Ex C )                                                                           (6.21) 

where, Ce is the electricity cost rate. 

The objective function for the exergoeconomic analysis is the electricity cost rate. 

Evaporator pressure, condensation pressure, hot fluid inlet temperature and degree of 

superheat are chosen as the independent variables. Bounds for independent variables are 

selected based on expander limitations and atmospheric constraints. The upper and lower 

bounds for independent variables involved in genetic algorithm optimization are as 

follows, 

Minimize Ce 

Subjected to constraints, 

5  ≤ P ≤ 14 bar for R245fa 
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2 ≤ Pcond ≤ 4 bar 

80 ≤ Ti ≤ 120 ºC 

5 ≤ DTsup ≤ 20 ºC 

The input operating conditions and constraints for optimization for each working fluid are 

mentioned in Table 6.3. GA optimization is carried out using EES. After the constraints 

and the objective function are defined, the GA tool evaluates the objective function. The 

iterations continue till it finds the optimal solution. 

Table 6.3: Upper and lower bounds for GA optimization 

Working fluid R245fa 

Population size 64 

Stop generation 128 

Mutation probability 0.18 

Range of evaporator pressure (bar) 5-14 

Range of degree of superheat (ºC) 5-20 

Hot water inlet temperature (ºC) 80-120 

Condensation pressure (bar) 2-4 

 

Table 6.4: Exergoeconomic optimization results 

Parameter Value Unit 

Electricity cost rate 3.9 Rs/kWh  

Degree of superheat 19.6 ºC 

Evaporator pressure 13.9 bar 

Hot water inlet temperature 112 ºC 

Condensation pressure 2.06 bar 

Net work output 1.02 kW 

Exergy efficiency 51.08 % 

Thermal efficiency 11.54 % 
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Table 6.4 shows the results of the optimization process. For the given operating 

range, electricity cost rate of 3.9 Rs/kWh is achieved for an ORC system of 1.02 kWe 

capacity. The results also indicate that, the cost of electricity decreases with increase in 

evaporator pressure. Minimum electricity cost of Rs 3.9/ kWh was attained at maximum 

evaporator pressure of 13.9 bar. This is a very competitive price as per the benchmark 

tariff costs set by the Karnataka electricity board (Rs 3.7/kWh upto 30 kWh, Rs 5.2/kWh 

for 31-100 kWh, Rs 6.75/kWh for 101-200 kWh and Rs 7.8/kWh above 200 kWh). 

6.2 Chapter closure 

In this chapter, simple cost analysis was carried out for 1 kWe solar ORC system in India 

based on the market survey and compared with equivalent capacity solar PV system. 

Moreover, exergo-economic optimization of 1 kWe solar ORC system was carried out 

and optimal parameters for this system were determined at minimum cost of electricity. 
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CHAPTER 7  
 

CONCLUSIONS AND SCOPE OF FUTURE WORK 
 

7.1 Conclusions 

This research work mainly focussed on the parametric investigation and off-design 

simulation of small scale ORC system driven by low grade heat source. A 

thermodynamic model for ORC system was developed based on laws of mass and energy 

conservation.  Using this model, ORC thermal and exergy efficiencies were evaluated for 

four different working fluids; R245fa, R123, Isobutane and R134a. Sensitivity analysis 

was performed using key thermodynamic parameters including expander inlet 

temperature, expander inlet pressure, condensation temperature and pinch point 

temperature difference to study its effect on net work output, mass flow rate, thermal and 

exergy efficiencies. Optimization of the system was also performed using genetic 

algorithm. The system was optimized to maximize cycle exergy efficiency. This was 

followed by detailed exergy analysis of ORC components. This analysis identified the 

location and assessed the magnitude of exergy losses occurring within the ORC power 

block. Parametric analysis was carried out to investigate the impact of evaporator 

pressure, condensation pressure, superheat, dead state temperature and pinch point 

temperature difference on exergy efficiency and irreversibilities in ORC components. 

Thermo-hydraulic model of plate heat exchanger evaporator was used to study the effect 

of key thermodynamic and geometric parameters on the size and cost of the evaporator. 

The model was used to estimate the evaporator area using heat transfer correlations. 

Parametric investigation of open-drive scroll expander used for micro organic Rankine 

cycle was carried out using a validated semi-empirical model. A 5 kWe expander was 

used and its built-in volume ratio was 3.5. R245fa was used as the working fluid. Effect 

of key parameters such as expansion ratio, shaft speed and expander inlet temperature on 

power output and expander efficiency was evaluated for four different cases. Finally, cost 

analysis and exergoeconomic optimization of 1 kWe driven solar ORC system was 
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performed to compare the cost of solar ORC with solar PV in India and to determine the 

minimum electricity cost of solar ORC respectively.  

The following conclusions may be drawn from this study.  

 Optimization results showed that, expander inlet temperature is close to the upper 

limit value (75 ºC) which was set before the start of GA. Optimized inlet pressure 

values for each working fluid is the saturation pressure corresponding to expander 

inlet temperature of 75 ºC for all working fluids. The optimal heat source 

temperature was 90 ºC approximately for all working fluids.  

 Optimization results also showed that the highest thermal efficiency (7.1%) and 

exergy efficiency (45.53%) at lowest expander inlet pressure (3.66 bar) was 

attained with R123. This was followed by R245fa with thermal efficiency of 

7.04%, exergy efficiency of 44.98% at expander inlet pressure of 6.07 bar. From 

the optimization results, it can be inferred that R245fa and R123 are better suited 

for low temperature ORC applications compared to R134a and Isobutane because 

of its efficient system performance at lower operating pressures and temperatures. 

However, R245fa was preferred for this study as it is a zero ODP, non-corrosive, 

non-flammable fluid and also has a lower specific volume (higher density) 

compared to R123. 

 Sensitivity analysis showed that, expander inlet pressure showed the highest 

degree of sensitiveness for all working fluids. In the case of R245fa, this was 

about 70 times greater than that of expander inlet temperature, 3 to 4 times greater 

than that of condensation temperature and pinch point temperature difference. 

 Exergy analysis of 1 kWe ORC system showed that, evaporator accounted for the 

maximum exergy loss which is around 0.446 kW or 19.6% of the inlet exergy. 

41% of the total exergy loss occurred in the evaporator followed by expander 

(26%), exergy rejection to cooling water (24%), condenser (8%) and pump 

(0.33%). Component exergy analysis showed that evaporator pressure has 

significant effect on both energy and exergy efficiencies of the ORC. The thermal 
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efficiency of the cycle increased by 35.71% and the cycle exergy efficiency by 

21.86% when evaporator pressure was increased from 7 to 10 bar. 

 Thermo-hydraulic model of plate heat exchanger evaporator was used to study the 

effect of evaporator pressure, pinch point temperature difference and superheat on 

evaporator area.  A reduction of 75.87% in evaporator surface area and decrease of 

63.59% in its cost was observed as evaporator pressure was increased from 4 to 10 bar. 

The maximum net work output of 5 kW was obtained at 6 bar whereas minimum 

evaporator area of 2.42 m2 was achieved at evaporator pressure of 10 bar. Heat 

exchanger area decreased by 89.65% and evaporator cost was reduced by 74.86% when 

PPTD was increased from 2 to 14 ºC. With increase in expander inlet temperature, 

the area reduced to a minimum value of 6.59 m2 at expander inlet temperature of 

83 ºC, and then increased again.  Increasing expander inlet temperature by more 

than 7 ºC did not yield any positive results as surface area requirement of the 

evaporator and cost increases. 

 Parametric investigation was performed to study the effect of geometrical 

parameters including plate width and plate spacing on evaporator area and cost. 

The trade-off point for plate width was at 0.0065 m, where the evaporator cost 

was found to be 1166 USD (Rs 87,450) and frictional pressure drop was 2.03 kPa. 

In case of plate spacing, it was at 0.003 m, where the evaporator cost was 1210 

USD (Rs 90,750) and frictional pressure drop was 1.27 kPa. 

 At inlet pressure of 14 bar, the efficiency decreased by 12.92% for shaft speed of 

2000 rpm and 14.53% for shaft speed of 1500 rpm. At inlet pressure of 10 bar, a 

peak was observed in efficiency curve for expansion ratio of 4.55 (58%) and 5 

(60%) at shaft speeds of 1500 & 2000 rpm respectively. This effect is observed 

because of under-expansion losses occurring within the expander. Therefore, it 

can be concluded that, scroll expander should be operated in a range close to its 

adapted expansion ratio to achieve maximum efficiency. 

 Mechanical losses occur mainly within the scroll expander due to friction between 

the fixed and orbiting scroll. The increase in mass flow rate is not enough to 
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counter the losses occurring at higher shaft speeds. It was observed from the study 

that, the expander efficiency witnesses a marginal drop with increase in shaft 

speed. Power output is reduced due to increase in the losses. Therefore, the 

expander efficiency decreases. The trend is similar for all curves. The expander 

efficiency curve for inlet pressure of 10 bar and condensation pressure of 3 bar 

shows that the curve peaks (54.9%) at shaft speed of 1600 rpm. In other cases, the 

peak occurs around 2400-2600 rpm. 

 Increasing inlet temperature results in the increase in wall temperature. This leads 

to thermal energy dissipation and deterioration in efficiency of the expander. 

 The total cost of 1 kWe solar ORC system was estimated at Rs 7,42,500 as per the 

market survey. However, cost of 1 kWe solar PV system costs Rs 85,000 in India 

which is very competitive. Cost of solar flat plate collector system is around 27% 

of the total cost and expander cost constitutes around 55.5% of the total cost. 

Presently, small scale or low capacity expanders are not readily available in India. 

Therefore, indigenization or local manufacturing of small scale expanders is 

necessary to achieve economies of scale and reduction in cost. 

 Exergo-economic optimization of solar driven ORC system showed that 

minimum electricity cost (3.9 Rs/kWhr) was attained at maximum evaporator 

pressure of 13.9 bar. 

7.2 Scope of future work 

 Global model of the organic Rankine cycle should be constructed by 

interconnecting the various sub-models presented in this work. This can be used 

to predict the system power output and cycle efficiency. 

 Performance investigation of a 1 kWe solar driven ORC system should be carried 

out with experimental trials.  
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Appendix A 
 

MATHEMATICAL MODELLING CODE 
 

A.1 Mathematical code to calculate energy and exergy efficiency of the ORC cycle 

using R245fa as the working fluid 

Inputs 

WF1$ = 'R245fa' 

WF2$ = 'water' 

P1 = 400000 

P2 = 300000 

P3 = 120000 

PPcd = 5 

PPev = 5 

DTsup = 5 

M3 = 0.248 

Twf, in = 40 

Tcw,in = 27 

Thf,in = 100 

M2 = 0.7 

Thermodynamic properties 

Twf, in = T [WF1$ , P = Pcd , x = 0] 

Tsup = Tsat, v + DTsup 

Twf, out = Tsup 

Tsat, v = T [WF1$ , P = P1 , x = 1] 

Tsat, v = T [WF1$ , P = P1 , x = 0] 

hsat, l = h [WF1$ , T = Tsat, l , x = 0] 

hsat, v = h [WF1$ , T = Tsat,v , x = 1] 

hsup, v = h [WF1$ , T = Tsup , P = P1] 
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hwf ,in = h [WF1$ , P = P1 , T = Twf,in] 

CPhf = Cp [WF2$ , P = P2 , T = Thf,in] 

Energy balance in evaporator 

[Tcor, sat, l – Thf,out] · CPhf · M2 = [hsat, l – hwf,in] · M1 

[Thf, in – Thf, out] · CPhf · M2 = [hsup, v – hwf, in] · M1 

[Thf, in – Tcor,sat,, v] · CPhf · M2 = [hsup,v – hsat,v]· M1 

Evaporator & Condenser pinch point temperature difference 

PPev = Tcor,sat,l – Tsat,l 

PPcd = Twf,in – Tcor,sat,cd  

Energy balance in condenser 

CPcw = CP(WF2$ , T = Tcw,in , P = P3) 

[Tcw,out – Tcw,in]· CPcw · M3 = [h4 – h1] · M1 

ORC efficiency calculations 

Parameters 

ղt = 0.8 

ղp = 0.8 

Evaporator 

h3 = hsup,v 

s3 = s [WF1$, T = Tsup , P = P1] 

Expander 

s4id = s3 

h4id = h [WF1$, P = Pcd , s = s4id] 

h4 = h3 – [h3 – h4id] · ht 

s4 = s [WF1$, h = h4, P = Pcd] 

Condenser 

h1 = h [WF1$ , P = Pcd , x = 0] 

s1 = s [WF1$ , P = Pcd , x = 0] 
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Pump 

s2id = s1 

h2id = h [WF1$ , P = P1 , s = s2id] 

h2 = h1 + [(h2id – h1)/ ղp] 

s2 = s[WF1$ , h = h2 , P = P1] 

Thermal Efficiency 

wt = h3 – h4 

wp = h2 – h1 

wnet = M1 · [wt – wp] 

qin = M1 ·[h3 – h2] 

ղth = wnet/ qin 

Inputs for exergy analysis 

To = 25 

T = To + 273 

Po = 101300 

ho, orc = h [WF1$ , T = To , P = Po] 

so, orc = s [WF1$ , T = To , P = Po] 

ho = h [WF2$ , T = To , P = Po] 

so = s [WF2$ , T = To , P = Po] 

Evaporator exergy analysis 

E3 = M1 · [h3 – ho,orc – T · (s3 – so,orc)] 

E2 = M1 · [h2 – ho,orc – T · (s2 – so,orc)] 

h5 = h [WF2$ , T = Thf,in , P = P2] 

s5 = s [WF2$ , T = Thf,in , P = P2] 

h6 = h [WF2$ , T = Thf,out , P = 120000] 

s6 = s [WF2$ , T = Thf,out , P = 120000] 

E5 = M2 ·[ h5 – ho – T ·( s5 – so)] 

E6 = M2 ·[ h6 – ho – T · (s6 – so)] 
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ղexg,evp =  (E3 – E2) / (E5 – E6) 

Working fluid pump exergy analysis 

E1 = M1 · [h1 – ho,orc – T ·( s1 – so,orc)] 

ղexg,pump =  (E2 – E1) / (M1 · wp) 

Expander exergy analysis 

E4 = M1 ·[ h4 – ho,orc – T · (s4 – so,orc)] 

ղexg,t = (M1 · wt) / (E3 – E4) 

Condenser exergy analysis 

M1 ·[ h4 – h1] = M3 ·[ h8 – h7] 

h7 = h [WF2$ , T = Tcw,in , P = P3] 

s7 = s [WF2$ , T = Tcw,in , P = P3] 

s8 = s [WF2$ , h = h8 , P = 120000] 

E7 = M3 ·[ h7 – ho – T · (s7 – so)] 

E8 = M3 ·[ h8 – ho – T ·( s8 – so)] 

ղexg,cond = (E8 – E7) / (E4 – E1) 

Irreversibility/exergy destruction 

Ievp = (E5 – E6) – (E3 – E2) 

Icond = (E7 – E8) – (E1 – E4) 

Ipump = E1 + (M1 · wp) – E2 

Iexpander = E3 – E4 + M1 · wt 

Itotal = Ievp + Icond + Ipump + Iexpander 

Overall exergy efficiency 

Ein = M2 · [h5 – h6 – T · / (s5 – s6)] 

ղexg = wnet / Ein 
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A.2 Mathematical code of plate heat exchanger evaporator to estimate the surface 

area of the heat exchanger using Han Lee Kim correlations  

Procedure evaporatorpd (WF_1$, WF_2$, T_wf_in, T_hf_in, P1, P2, PP, DT_sup, M[2], 

G[1] : A_ev, M[1],T_wf_out, T_hf_out, DP[1..2], M) 

"Initialize pressure drop" 

Duplicate i= 1, 20 

DP_in[i] =0 

End 

"Iterate till pressure drops converge" 

Call evaporator (WF_1$, WF_2$, DP_in[1..20], T_wf_in, T_hf_in, P1, P2, PP, DT_sup, 

M[2], G[1] : A_ev, M[1], T_wf_out, 

T_hf_out, DP[1], DP[2], DP_II[1..20,1], M) 

{Repeat 

DP_ev_old [1] = DP [1] 

CALL evaporator (WF_1$, WF_2$, DP_II[1..20,1], T_wf_in, T_hf_in, P1, P2, PP, 

DT_sup, M[2] : A_ev, M[1], T_wf_out, 

T_hf_out, DP [1], DP [2], DP_II [1...20, 1]) 

until (abs(DP_ev_old[1]-DP[1])<100)} 

End 

Subprogram evaporator (WF_1$, WF_2$, DP_in[1..20,1], T_wf_in, T_hf_in, P1, P2, PP, 

DT_sup[2], G[1] : A_tot, M[1], 

T_wf_out, T_hf_out, DP_tot [1], DP_tot [2], DP_cum[1..20,1], M) 

"Input model parameters" 

"Width of heat exchanger" 

n[2]*j[2]=n[1]*j[1] 

"Hydraulic diameter" 

b = 0.007 

w = 0.5 
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Dh = (2 *b*w)/ (w + b) 

"Geometric parameters" 

Beta = pi/4 

p_co = 0.007 

"Number of paths and passes of plate heat exchanger" 

n [1]=1 

n [2]=1 

j [1]=1 

M = n [2] 

j [2]=1 

"Thickness of plate" 

delta = 0.0005 

"Thermal conductivity of plate" 

lambda_p = 13.56 

"Fouling factors" 

Rf_1 = 0 

Rf_2 = 0 

"Number of segments in evaporation zone" 

N=20 

"Overall heat transfer coefficient in zone I and zone III" 

1/U_l = 1/alpha_l_I [2] + 1/alpha_l_I [1] +delta/lambda_p+Rf_1+Rf_2 

1/U_III = 1/alpha_l_III [2] + 1/alpha_l_III [1] +delta/lambda_p+Rf_1+Rf_2 

"Temperature and enthalpy ZONE I and ZONE III" 

T_sup = T_sat_v + DT_sup 

T_wf_out = T_sup 

T_sat_l = temperature (WF_1$, P=P1, x=0) 

T_sat_v = T_out [1] 
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h_sat_l = enthalpy (WF_1$, T=T_sat_l, x=0) 

h_sat_v = enthalpy (WF_1$, T=T_sat_v, x=1) 

h_sup_v= enthalpy (WF_1$, T=T_sup, P=P1-DP_in[N,1]) 

h_wf_in = enthalpy (WF_1$, P=P1, T=T_wf_in) 

CP_hf = cp (WF_2$, P=P2, T=T_hf_in) 

"Energy balance in zone I and zone III" 

(T_corresp_sat_l-T_hf_out)*CP_hf*M[2] = (h_sat_l-h_wf_in)*M[1] 

(T_hf_in-T_corresp_sat_v)*CP_hf*M[2] = (h_sup_v-h_sat_v)*M[1] 

(T_hf_in-T_hf_out)*CP_hf*M[2] = (h_sup_v-h_wf_in)*M[1] 

"LMTD zone I and zone III" 

Arg_I*(T_corresp_sat_l-T_sat_l) = (T_hf_out-T_wf_in) 

Q_I = (T_corresp_sat_l-T_hf_out)*CP_hf*M[2] 

Q_I = U_l* A_I*((T_hf_out-T_wf_in)-(T_corresp_sat_l-T_sat_l))/ ln (Arg_I) 

Arg_III*(T_hf_in-T_sup) = (T_corresp_sat_v-T_sat_v) 

Q_III = (T_hf_in-T_corresp_sat_v)*CP_hf*M[2] 

Q_III = U_III*A_III *((T_corresp_sat_v-T_sat_v)-(T_hf_in-T_sup))/ln (Arg_III) 

"Velocities zone I" 

u_I[1] = M[1]/rho_I[1]/(n[1]*w*De/2) 

G_I[1] = u_I[1]*rho_I[1] 

Re_I[1] = De*u_I[1]/nu_I[1] 

u_I[2] = M[2]/rho_I[2]/(n[2]*w*De/2) 

G_I[2] = u_I[2]*rho_I[2] 

Re_I[2] = De*u_I[2]/nu_I[2] 

"Correlations of heat transfer fluid and working fluid in zone I” 

"Properties of working fluid" 

T_avg_I [1] = (T_wf_in + T_sat_l)/2 

P_avg_I[1] = P1 

 



 

146 
 

"Thermal conductivity" 

lambda_I [1] = conductivity (WF_1$, T=T_avg_I [1], P=P_avg_I[1]) 

"Dynamic viscosity" 

mu_I [1] = viscosity (WF_1$, T=T_avg_I[1], P=P_avg_I[1]) 

mu_w_I[1] = mu_I[1]  

"Density" 

rho_I [1] = density (WF_1$, T=T_avg_I[1], P=P_avg_I[1]) 

"Heat capacity" 

cp_I [1] = cp(WF_1$, T=T_avg_I[1], P=P_avg_I[1]) 

"Kinematic viscosity" 

nu_I [1] = mu_I[1]/rho_I[1] 

"Prandtl number" 

Pr_I [1] = cp_I[1]*mu_I[1]/lambda_I[1] 

"Properties of heating fluid" 

T_avg_I [2] = (T_hf_out + T_corresp_sat_l)/2 

P_avg_I [2] = P2 

"Thermal conductivity" 

lambda_I[2] = conductivity(WF_2$, T=T_avg_I[2], P=P_avg_I[2]) 

"Dynamic viscosity" 

mu_I[2] = viscosity(WF_2$, T=T_avg_I[2], P=P_avg_I[2]) 

mu_w_I [2] = mu_I[1]  

"Density" 

rho_I [2] = density (WF_2$, T=T_avg_I [2], P=P_avg_I[2]) 

"Heat capacity" 

cp_I [2] = cp (WF_2$, T=T_avg_I [2], P=P_avg_I[2]) 
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"Kinematic viscosity" 

nu_I [2] = mu_I[2]/rho_I[2] 

"Prandtl number" 

Pr_I [2] = cp_I[2]*mu_I[2]/lambda_I[2] 

f_I [1] = 0.572*Re_I [1]^(-0.217) 

DP_I [1] = 2*f_I[1]*l_I[1]*G_I[1]^2/(De*rho_I[1]) 

alpha_l_I[1]=0.2092*(lambda_I[1]/De)*Re_I[1]^0.78*Pr_I[1]^(1/3)*(mu_I[1]/mu_w_I[1

])^(0.14) 

l_I [1] = A_I/ (n [1]*w) 

f_I [2] = 0.572*Re_I [2] ^ (-0.217) 

DP_I[2] = 2*f_I[2]*l_I[2]*G_I[2]^2/(De*rho_I[2]) 

alpha_l_I[2]=0.1876*(lambda_I[2]/De)*Re_I[2]^0.7179*Pr_I[2]^(1/3)*(mu_I[2]/mu_w_

I[2])^(0.17) 

l_I [2] = A_I/(n[2]*w) 

"Velocities zone III" 

u_III [1] = M[1]/rho_III[1]/(n[1]*w*De/2) 

G_III [1] = u_III [1]*rho_III [1] 

Re_III [1] = De*u_III[1]/nu_III[1] 

u_III [2] = M [2]/rho_III [2]/(n[2]*w*De/2) 

G_III [2] = u_III [2]*rho_III [2] 

Re_III [2] = De*u_III [2]/nu_III [2] 

"Correlations of heat transfer fluid and working fluid in zone III" 

"Properties of working fluid" 

T_avg_III [1] = (T_sup + T_sat_v)/2 

P_avg_III [1] = P1 

"Conductivity" 

lambda_III [1] = conductivity (WF_1$, T=T_avg_III [1], P=P_avg_III [1]) 
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"Dynamic viscosity" 

mu_III [1] = viscosity (WF_1$, T=T_avg_III [1], P=P_avg_III [1]) 

mu_w_III [1] = mu_III [1]  

"Density" 

rho_III [1] = density (WF_1$, T=T_avg_III [1], P=P_avg_III[1]) 

"Heat capacity" 

cp_III [1] = cp (WF_1$, T=T_avg_III [1], P=P_avg_III[1]) 

"Kinematic viscosity" 

nu_III [1] = mu_III [1]/rho_III [1] 

"Prandtl number" 

Pr_III [1] = cp_III [1]*mu_III [1]/lambda_III [1] 

"Properties of heating fluid" 

T_avg_III [2] = (T_hf_in+T_corresp_sat_v)/2 

P_avg_III [2] = P2 

"Thermal conductivity" 

lambda_III [2] = conductivity (WF_2$, T=T_avg_III [2], P=P_avg_III [2]) 

"Dynamic viscosity" 

mu_III [2] = viscosity(WF_2$, T=T_avg_III[2], P=P_avg_III[2]) 

mu_w_III [2] = mu_III[2]  

"Density" 

rho_III [2] = density (WF_2$, T=T_avg_III[2], P=P_avg_III[2]) 

"Heat capacity" 

cp_III [2] = cp(WF_2$, T=T_avg_III[2], P=P_avg_III[2]) 

"Kinematic viscosity" 

nu_III [2] = mu_III[2]/rho_III[2] 

"Prandtl number" 
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Pr_III [2] = cp_III [2]*mu_III [2]/lambda_III [2] 

f_III [1] = 0.572*Re_III [1]^(-0.217) 

DP_III [1] = 2*f_III [1]*l_III [1]*G_III [1] ^2/ (De*rho_III [1]) 

alpha_l_III[1]=0.2092*(lambda_III[1]/De)*Re_III[1]^0.78*Pr_III[1]^(1/3)*(mu_III[1]/m

u_w_III[1])^(0.14) 

l_III [1] = A_III/(n[1]*w) 

f_III [2] = 0.572*Re_III [2] ^ (-0.217) 

DP_III [2] = 2*f_III [2]*l_III [2]*G_III [2] ^2/(De*rho_III[2]) 

alpha_l_III[2]=0.1876*(lambda_III[2]/De)*Re_III[2]^0.7179*Pr_III[2]^(1/3)*(mu_III[2]

/mu_w_III[2])^(0.17) 

l_III [2] = A_III/ (n [2]*w) 

"Discretized model in zone II” 

"Inlet and outlet temperatures" 

T_in [1] = temperature (WF_1$, P=P1, x=0) 

T_out [1] = temperature (WF_1$, P=P1-DP_in[N,1], x=1) 

T_avg [1] = (T_in [1] +T_out [1])/2 

T_in [2] = T_corresp_sat_v 

"Pinch point temperature difference" 

PP = T_out [2]-T_in[1] 

"Calculation of enthalpy" 

h[N,1] = enthalpy(WF_1$, P=P1-DP_in[N,1], x=1) 

h[1,1] = enthalpy(WF_1$, P=P1, x=0) 

h[1,2] = enthalpy(WF_2$, T=T_in[2], P=P2) 

h[N,2] = enthalpy(WF_2$, T=T_out[2],P=P2) 

i_fg = h[N,1] -h[1,1] 

Q_II = i_fg*M[1] 

Q_II = (h[1,2]-h[N,2])*M[2] 

"Discretization" 
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DH = (h[N,1] - h[1,1])/(N-1) T[1,1] = T_in[1] 

T[N,1] = T_out[1] 

T[1,2] = T_in[2] 

T[N,2] = T_out[2] 

x[1,1] = 0 

x[N,1] = 1 

x[1,2] = quality(WF_2$, h=h[1,2], P=P2) 

x[N,2] = quality(WF_2$, h=h[N,2], P=P2) 

s[1,1] = entropy(WF_1$, p =P1, x=0) 

s[N,1] = entropy(WF_1$, P=P1-DP_in[N,1], x=1) 

s[1,2] = entropy(WF_2$, p =P1, h=h[1,2]) 

s[N,2] = entropy(WF_2$, P=P1, h=h[N,2]) 

Duplicate l=1, N-2 

h[l+1,1] = h[l,1] + DH "calculation of enthalpy in the next segment" 

T[l+1,1] = temperature(WF_1$, h=h[l+1,1],P=P1-DP_in[l+1,1]) 

T[l+1,2] = temperature(WF_2$, h=h[l+1,2],P=P2) 

s[l+1,1] = entropy(WF_1$, h=h[l+1,1],P=P1-DP_in[l+1,1]) 

h[l+1,2] = h[l,2]-(Q[l]/M[2]) 

s[l+1,2] = entropy(WF_2$, h=h[l+1,2],P=P2) 

x[l+1,1] = quality(WF_1$, h=h[l+1,1], P=P1-DP_in[l+1,1]) 

x[l+1,2] = quality(WF_2$, h=h[l+1,2], P=P2) 

End 

Q_cum [1] =0 

Duplicate i=1, N-1 

Q[i] = (h[i+1,1] - h[i,1])*M[1] 

Q_cum [i+1] = Q[i]+Q_cum[i] 

"Calculation of LMTD" 

Argg[i] = (T [i+1, 2]-T [N-i, 1]) 

Arg[i] = (T [i, 2]-T [N-i+1, 1])/Argg[i] 
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LMTD[i] = ((T[i,2]-T[N-i+1,1])-(T[i+1,2]-T[N-i,1]))/ln(Arg[i]) 

End 

Arg = (T[1,2]-T[N,1])/(T[N,2]-T[1,1]) 

LMTD_overall = ((T[1,2]-T[N,1])-(T[N,2]-T[1,1]))/ln(Arg) 

"Correlations and properties" 

u [1] = M [1]/rho_f[1,1]/(n[1]*w*Dh/2) 

G [1] = u[1]*rho_f[1,1] 

u [2] = M[2]/rho_avg[1,2]/(n[2]*w*Dh/2) 

G [2] = u[2]*rho_avg[1,2] 

"Evaporation heat transfer and pressure drop: Han, Lee and Kim correlation" 

Ge_1[1] = 2.81*(p_co/De)^(-0.041)*(pi/2-beta)^(-2.83) 

Ge_2[1] = 0.746*(p_co/De)^(-0.082)*(pi/2-beta)^(0.61) 

Ge_3[1] = 64710*(p_co/De)^(-5.27)*(pi/2-beta)^(-3.03) 

Ge_4[1] = -1.314*(p_co/De)^(-0.62)*(pi/2-beta)^(-0.47) 

"Segment length and heat transfer surface area" 

A_cum [1] = 0 

jl_cum [1, 1] = 0 

jl_cum [1, 2] = 0 

DP_cum [1, 1] = 0 

DP_cum[1, 2] = 0 

Duplicate i=1, N-1 

"Properties of heat transfer fluid" 

"Thermal conductivity" 

lambda_avg [i, 2] = conductivity (WF_2$, T=(T[i,2]+T[i+1,2])/2, P=P2) 

"Dynamic viscosity" 

mu_avg [i, 2] = viscosity (WF_2$, T= (T[i,2]+T[i+1,2])/2, P=P2) 

mu_w_avg [i, 2] = mu_avg [i,2]  
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"Density" 

rho_avg [i, 2] = density (WF_2$, T= (T [i, 2]+T[i+1,2])/2, P=P2) 

"Heat capacity" 

cp_avg [i, 2] = cp (WF_2$, T= (T [i, 2] +T [i+1, 2])/2, P=P2) 

"Kinematic viscosity" 

nu_avg [i,2] = mu_avg[i,2]/rho_avg[i,2] 

"Prandtl number" 

Pr_avg [i, 2] = cp_avg [i, 2]*mu_avg [i, 2]/lambda_avg [i, 2] 

Re [i, 2] = De*u [2]/nu_avg [i, 2] 

alpha_l[i,2]=0.1876*(lambda_avg[i,2]/De)*Re[i,2]^0.7179*Pr_avg[i,2]^(1/3)*(mu_avg[i

,2]/mu_w_avg[i,2])^(0.17) 

f[i,2] = 0.572*Re[i,2]^(-0.217) 

DP[i,2] = 2*f[i,2]*l[i,2]*G[2]^2/(De*rho_avg[i,2]) 

DP_cum [i+1, 2] = DP_cum [i, 2] +DP [i, 2] 

"Properties of working fluid" 

"Density" 

rho_f [i, 1] = density (WF_1$, P=P1, x=0) 

rho_g [i, 1] = density (WF_1$, P=P1, x=1) 

"Equivalent mass velocity" 

x_avg [i, 1] = (x [i, 1] +x [i+1, 1])/2 

G_eq[i,1] = G[1]*(1-x_avg[i,1]+x_avg[i,1]*(rho_f[i,1]/rho_g[i,1])^(1/2)) 

"Dynamic viscosity" 

mu_l [i, 1] = viscosity (WF_1$, P=P1, x=0) 

"Heat capacity" 

cp_I [i, 1] = cp (WF_1$, P=P1, x=0) 

"Equivalent Reynolds number" 

Re_eq [i, 1] = G_eq [i, 1]*De/mu_l [i, 1] 
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"Equivalent Boiling number" 

Bo_eq [i, 1] = (Q[i]/A[i])/ (i_fg*G_eq [i, 1]) 

"Conductivity" 

lambda_l [i, 1] = conductivity (WF_1$, P=P1, x=0) 

"Prandtl number" 

Pr [i,1] = cp_I[i,1]*mu_l[i,1]/lambda_l[i,1] 

"Evaporation heat transfer and pressure drop correlation: Han, Lee and Kim" 

Nu[i,1] = Ge_1[1]*Re_eq[i,1]^(Ge_2[1])*Bo_eq[i,1]^(0.3) *Pr[i,1]^(0.4) 

alpha_t_HLK [i, 1] = Nu [i, 1]*lambda_l[i,1]/De 

"Local heat transfer, LMTD correlation" 

A[i]=(Q[i]/(LMTD[i]*Fc))*(1/alpha_t_HLK[i,1]+1/alpha_l[i,2]+delta/lambda_p+Rf_1+

Rf_2) 

"Calculate heat flux" 

heatflux [i] = Q[i]/A[i] 

"Calculate cumulative area" 

A_cum [i+1] = A[i] +A_cum[i] 

"Calculate section length" 

j[1]*l[i,1] = A[i]/(n[1]*w) 

jl_cum [i+1,1] = j[1]*l[i,1]+jl_cum[i,1] 

j [2]*l[i,2] = A[i]/(n[2]*w) 

jl_cum [i+1, 2] = j[2]*l[i,2]+jl_cum[i,2] 

"Pressure drop correlation: Han, Lee, Kim" 

f [i,1] = Ge_3[1]*Re_eq[i,1]^Ge_4[1] 

DP[i,1] = f[i,1]*j[1]*l[i,1]*G_eq[i,1]^2/(De*rho_f[i,1]) 

DP_cum [i+1, 1] = DP_cum [i, 1] +DP [i, 1] 

End 

A_II = A_cum [N] 
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DP_II [1] = DP_cum [N, 1] 

DP_II [2] = DP_cum [N, 2] 

"Calculate total heat transfer area and pressure drops" 

A_tot = A_I + A_II + A_III 

Q_tot = Q_I + Q_II + Q_III 

DP_tot [1] = DP_I [1] + DP_II [1] + DP_III [1] 

DP_tot [2] = DP_I [2] + DP_II [2] + DP_III[2] 

Evp_cost = 310 + (160 * A_tot) "USD" 

"Inputs" 

WF_1$ = 'R245fa' 

WF_2$ = 'water' 

P1=5.77e5 

P2 = 3e5 

PP=5 

M [2] = 0.7 

T_hf_in = 100 

T_wf_in = 40 

G [1] =20 

"Call model" 

Call evaporatorpd(WF_1$, WF_2$,T_wf_in, T_hf_in, P1, P2, PP, 5, M[2], G[1] : A_ev, 

M[1] ,T_wf_out, T_hf_out, DP[1..2],M) 
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A.3 Mathematical code for semi-empirical model of open-drive scroll expander 

MODULE 

Expander(fluid$,V_s_cp,r_v_in,A_leak,AU_su_exp_n,AU_ex_exp_n,M_dot_r_nom,T_

m,AU_amb_exp,d_thr_su,M_dot_r_exp,N_rot_exp,t_amb_exp,t_amb,p_r_ex_exp,t_r_su

_exp,t_r_ex_exp,p_r_su_exp,W_dot_sh_exp,epsilon_s_exp) 

“Expander characteristics" 

V_s_exp=V_s_cp/r_v_in 

"Supply expander" 

t_r_sat_su_exp=T_sat(fluid$,P=P_r_su_exp) 

DELTAT_oh_su_exp=T_r_su_exp-T_r_sat_su_exp 

r_p_exp=P_r_su_exp/P_r_ex_exp 

h_r_su_exp=enthalpy(fluid$,P=P_r_su_exp,T=t_r_su_exp) 

s_r_su_exp=entropy (fluid$, P=P_r_su_exp, T=t_r_su_exp) 

v_r_su_exp=volume (fluid$,P=P_r_su_exp,T=t_r_su_exp) 

 "Supply pressure drop" 

A_thr_su=PI*d_thr_su^2/4 

h_r_su_exp=h_thr_su+C_thr_su^2/2 

V_dot_thr_su=A_thr_su*C_thr_su 

M_dot_r_exp=V_dot_thr_su/v_r_su_exp 

DELTAP_r_su_exp = C_thr_su^2/(v_r_su_exp*2) 

P_r_su1_exp=P_r_su_exp- DELTAP_r_su_exp 

"Supply cooling down" 

C_dot_su_exp=M_dot_r_exp*cp_r_su_exp 

cp_r_su_exp=CP(fluid$,P=P_r_su1_exp,T=t_r_su_exp) 

NTU_su_exp=AU_su_exp/C_dot_su_exp 

AU_su_exp=AU_su_exp_n*(M_dot_r_exp/M_dot_r_nom)^0.6 

epsilon_su_exp=1-exp(-NTU_su_exp) 

Q_dot_r_wall_su_exp=epsilon_su_exp*C_dot_su_exp*(t_r_su_exp-t_wall_exp) 
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Q_dot_r_wall_su_exp=C_dot_su_exp*(t_r_su_exp-t_r_su1_exp) 

h_r_su1_exp=enthalpy (fluid$,P=P_r_su1_exp,T=t_r_su1_exp) 

s_r_su1_exp=entropy (fluid$,P=P_r_su1_exp,T=t_r_su1_exp) 

v_r_su1_exp=volume (fluid$,P=P_r_su1_exp,T=t_r_su1_exp) 

"Isentropic expansion up to the adapted pressure" 

r_v_in=v_r_in_exp/v_r_su1_exp 

P_r_in_exp=pressure (fluid$,v=v_r_in_exp=s_r_su1_exp) 

h_r_in_exp=enthalpy (fluid$,v=v_r_in_exp,P=P_r_in_exp) 

w_exp_1=h_r_su1_exp-h_r_in_exp 

r_p_in=P_r_su1_exp/P_r_in_exp 

"Isochoric expansion from adapted pressure to exhaust pressure" 

w_exp_2=v_r_in_exp*(P_r_in_exp-P_r_ex_exp) 

 "total work" 

w_in_exp=w_exp_1+w_exp_2 

w_in_exp=h_r_su1_exp-h_r_ex2_exp 

“Power" 

W_dot_in_exp=M_dot_r_in_exp*w_in_exp 

“Leakage flow rate" 

h_r_su1_exp=h_r_thr+C_thr^2/2 

P_r_su1_exp*v_r_su1_exp^gamma_r= P_r_thr*v_r_thr^gamma_r 

r=8314/MM_r 

MM_r=molarmass (fluid$) 

P_r_crit=P_r_su1_exp*(2/ (gamma_r+1)) ^ (gamma_r/ (gamma_r-1)) 

P_r_thr=P_r_crit 

h_r_thr=enthalpy (fluid$, P=P_r_thr, s=s_r_su1_exp) 

t_r_thr=temperature (fluid$,h=h_r_thr,P=P_r_thr) 

C_thr_bis=sqrt (gamma_r*r*(t_r_thr+273)) 

t_r_thr_bis=t_r_su1_exp*2/ (gamma_r+1) 
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M_dot_r_leak_exp=A_leak*C_thr/v_r_thr 

v_r_thr=volume (fluid$, P=P_r_thr,h=h_r_thr)  

“Mass flow rate" 

V_dot_s_exp=N_rot_exp/60*V_s_exp 

M_dot_r_in_exp=V_dot_s_exp/v_r_su1_exp 

M_dot_r_exp=M_dot_r_in_exp+M_dot_r_leak_exp 

"Mixing with leakage at exhaust" 

M_dot_r_in_exp*h_r_ex2_exp+M_dot_r_leak_exp*h_r_su1_exp=M_dot_r_exp*h_r_ex

1_exp 

h_r_ex1_exp=enthalpy (fluid$,T=t_r_ex1_exp,P=P_r_ex_exp) 

"Exhaust cooling down" 

cp_r_ex_exp=CP (fluid$, P=P_r_ex_exp,T=t_r_ex1_exp) 

C_dot_ex_exp=M_dot_r_exp*cp_r_ex_exp 

NTU_ex_exp=AU_ex_exp/C_dot_ex_exp 

AU_ex_exp=AU_ex_exp_n*(M_dot_r_exp/M_dot_r_nom)^0.6 

epsilon_ex_exp=1-exp(-NTU_ex_exp) 

Q_dot_r_wall_ex_exp=epsilon_ex_exp*C_dot_ex_exp*(t_r_ex1_exp-t_wall_exp) 

Q_dot_r_wall_ex_exp=C_dot_ex_exp*(t_r_ex1_exp-t_r_ex_exp) 

h_r_ex_exp=enthalpy (fluid$,P=P_r_ex_exp,T=t_r_ex_exp) 

“Power" 

W_dot_sh_exp=W_dot_in_exp-W_dot_loss_exp 

W_dot_loss_exp=2*PI*N_rot_exp/60*T 

“Heat balance over the expander" 

Q_dot_exp_amb=AU_amb_exp*(t_wall_exp-t_amb_exp) 

Q_dot_r_wall_su_exp+Q_dot_r_wall_ex_exp+W_dot_loss_exp-Q_dot_exp_amb=0 

“Global isentropic effectiveness" 

W_dot_sh_exp_s=M_dot_r_exp*w_in_exp_s 
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w_in_exp_s=h_r_su_exp-h_r_ex_exp_s 

h_r_ex_exp_s=enthalpy (fluid$,P=P_r_ex_exp,s=s_r_su_exp) 

epsilon_s_exp=W_dot_sh_exp/W_dot_sh_exp_s 

 END "expander" 

"Inputs"  

V_s_cp=V_s_cp_cm3/1000000 

V_s_exp=V_s_cp/r_v_in 

V_s_exp=V_s_exp_cm3/1000000 

"Call Model" 

CALL 

expander(fluid$,V_s_cp,r_v_in,A_leak,AU_su_exp_n,AU_ex_exp_n,M_dot_r_exp_n,T_

m,AU_amb_exp,d_su,M_dot_r_exp,N_rot_exp,t_amb_exp,t_amb_exp,p_r_ex_exp,t_r_s

u_exp,t_r_ex_exp,p_r_su_exp,W_dot_sh_exp,epsilon_s_exp) 
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A.4 Mathematical code for exergoeconomic optimization of solar driven ORC 

system 

// Inputs // 

WF_1$ = 'R245fa' 

WF_2$ = 'water' 

P2= 2e5 

PP_ev = 5 

M[2] =0.3 

// Temperature and enthalpy ZONE I and ZONE III // 

T_wf_in = temperature(WF_1$, P=P_cd, x=0) 

T_sup = T_sat_v + DT_sup 

T_wf_out = T_sup 

T_sat_v = temperature(WF_1$, P=P1, x=1)                      

T_sat_l = temperature(WF_1$, P=P1, x=0)                                         

h_sat_l = enthalpy(WF_1$, T=T_sat_l, x=0) 

h_sat_v = enthalpy(WF_1$, T=T_sat_v, x=1) 

h_sup_v =enthalpy(WF_1$, T=T_sup, P=P1) 

h_wf_in = enthalpy(WF_1$, P=P1, T=T_wf_in) 

CP_hf  = Cp(WF_2$, P=P2, T=T_hf_in) 

// Mass and energy balance// 

(T_corresp_sat_l-T_hf_out)*CP_hf*M[2] = (h_sat_l-h_wf_in)*M[1] 

(T_hf_in-T_hf_out)*CP_hf*M[2] = (h_sup_v-h_wf_in)*M[1] 
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(T_hf_in-T_corresp_sat_v)*CP_hf*M[2] = (h_sup_v-h_sat_v)*M[1] 

// Evaporator & Condenser pinch //  

PP_ev = T_corresp_sat_l - T_sat_l 

// ORC efficiency calculations // 

// Parameters // 

eta_t=0.8 

eta_p=0.8 

// Evaporator // 

h[3] = h_sup_v 

s[3]=entropy(WF_1$,T=T_sup, P=P1) 

// Expander // 

s_4id= s[3] 

h_4id= enthalpy(WF_1$,P=P_cd,s=s_4id) 

h[4] = h[3] - ((h[3] - h_4id)* eta_t) 

s[4] = entropy(WF_1$, h=h[4], P=P_cd) 

// Condenser // 

h[1]=enthalpy(WF_1$,P=P_cd, x=0) 

s[1]= entropy(WF_1$,P=P_cd, x=0) 

// Pump // 

s_2id = s[1] 

h_2id = enthalpy(WF_1$,P=P1,s=s_2id) 

h[2] = h[1] + ((h_2id - h[1]) / eta_p) 
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s[2] = entropy(WF_1$, h=h[2], P= P1) 

// Thermal Efficiency // 

w_t= h[3] - h[4] 

w_p= h[2] - h[1] 

w_net= M[1] * (w_t - w_p) 

q_in = M[1] * (h[3]- h[2]) 

eta_th= w_net/q_in 

// Inputs for exergy analysis // 

T_o = 25 

T = T_o + 273 

P_o = 1.013e5 

h_o_orc = enthalpy (WF_1$, T=T_o, P = P_o) 

s_o_orc = entropy (WF_1$, T=T_o, P = P_o) 

h_o = enthalpy (WF_2$, T=T_o, P = P_o) 

s_o = entropy (WF_2$, T=T_o, P = P_o) 

Ex_dot_in = (1 - (T)/(T_hf_in+273)) * q_in  

// Evp exergy analysis // 

Ex_dot_2 + Ex_dot_in = Ex_dot_3 + Ex_dot_d_evp 

ex_2 = (h[2] - h_o) - (T*(s[2] - s_o)) 

Ex_dot_2 = M[1] * ex_2 

// Expander exergy analysis // 

Ex_dot_3 = Ex_dot_4 + (M[1] * w_t) +Ex_dot_d_exp 
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ex_3 = (h[3] - h_o) - (T*(s[3] - s_o)) 

Ex_dot_3 = M[1] * ex_3 

// Condenser exergy analysis // 

Ex_dot_4 =  Ex_dot_1 + Ex_dot_d_cond 

ex_4 = (h[4] - h_o) - (T*(s[4] - s_o)) 

Ex_dot_4 = M[1] * ex_4 

// Pump exergy analysis // 

Ex_dot_1 + (M[1] * w_p) = Ex_dot_2 + Ex_dot_d_pump 

ex_1 = (h[1] - h_o) - (T*(s[1] - s_o)) 

Ex_dot_1 = M[1] * ex_1 

// Exergoeconomic Analysis // 

n_sys = 20 

i = 0.05 

Am = (i*(1+i)^n_sys)/((1+i)^(n_sys-1)) 

// Expander Costs // 

OM% = 0.25 

ICC_exp = 412500 

OM_exp = ICC_exp*OM% 

TCC_exp = Am*(ICC_exp+OM_exp) 

t_exp = 365*24 

Z_dot_exp = (TCC_exp+TCC_cond+TCC_p)/t_exp 
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// Heat Exchanger Costs // 

ICC_b = 250000 

OM%_b = 0.25 

OM_b = OM%_b*ICC_b 

TCC_b = Am*(ICC_b+OM_b) 

t_b = t_exp 

Z_dot_b = TCC_b/t_b 

// Condenser Costs // 

t_cond = t_b 

ICC_cond = 50000 

OM%_cond = 0.25 

OM_cond = OM%_cond*ICC_cond 

TCC_cond = Am*(ICC_cond+OM_cond) 

Z_dot_cond = TCC_cond/t_cond 

// Pump Costs // 

t_p = t_b 

ICC_p = 30000 

OM%_p = 0.25 

OM_p = OM%_p*ICC_p 

TCC_p = Am*(ICC_p+OM_p) 

Z_dot_p = TCC_p/t_p 
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// Evaporator cost rate balance // 

c_f = 0 

(Ex_dot_in * c_f ) + (Ex_dot_2 * c_2) + Z_dot_b = Ex_dot_3 * c_3 

// Expander cost rate balance // 

c_4 = c_3  * 0.5 

(Ex_dot_3 * c_3) + Z_dot_exp = C_dot_e + (c_4 * Ex_dot_4) 

C_dot_e = ((M[1] * w_t) * c_e)  

c_2 = 0 
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